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Abstract: 
This thesis is about modelling of the combustion and emissions of dual fuel HCCI engines 
for design of “engine combustion system”. For modelling the combustion first the laminar 
flamelet model and a hybrid Lagrangian / Eulerian method are developed and 
implemented to provide a framework for incorporating detailed chemical kinetics. This 
model can be applied to an engine for the validation of the chemical kinetic mechanism. 
The chemical kinetics, reaction rates and their equations lead to a certain formula for 
which the coefficients can be obtained from different sources, such as NASA polynomials 
[1]. This is followed by study of the simulation results and significant findings. Finally, for 
investigation of the knock phenomenon some characteristics such as compression ratio, 
fuel equivalence ratio, spark timing and their effects on the performance of an engine are 
examined and discussed. The OH radical concentration (which is the main factor for 
production of knock) is evaluated with regard to adjustment of the above mentioned 
characteristic parameters. In the second part of this work the specification of the sample 
engine is given and the results obtained from simulation are compared with experimental 
results for this sample engine, in order to validate the method applied in AVL Fire software. 
This method is used to investigate and optimize the effects of parameters such as inlet 
temperature, fuels ratio, diesel fuel injection timing, engine RPM and EGR on combustion 
in a dual fuel HCCI engine. For modelling the dual fuel HCCI engine AVL FIRE software is 
applied to simulate the combustion and study the optimization of a combustion chamber 
design. The findings for the dual fuel HCCI engine show that the mixture of methane and 
diesel fuel has a great influence on an engine's power and emissions. Inlet air temperature 
has also a significant role in the start of combustion so that inlet temperature is a factor in 
auto-ignition. With an increase of methane fuel, the burning process will be more rapid and 
oxidation becomes more complete. As a result, the amounts of CO and HC emissions 
decrease remarkably. With an increase of premixed ratio beyond a certain amount, NOX 
emissions decrease. With pressure increases markedly and at high RPM, knock 
phenomenon is observed in HCCI combustion. 
  
Keywords: Homogeneous Charge Compression Ignition (HCCI) engine, dual fuel, 
diesel, gas, modelling, emission, simulation 
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Chapter 1   Introduction 
The Homogeneous Charge Compression Ignition (HCCI) engine, or spark-less 
ignition, is basically a combination of SI (spark ignition) and CI (compression 
ignition) internal combustion engines. Ignition in the HCCI engine has some 
similarity and also differences with conventional ignition methods in SI and CI 
engines. In a SI engine, fuel and air mix before ignition. The mixing is done in 
the inlet system or in the cylinder. A HCCI engine doesn’t use a spark plug 
system, but the mixture of air and fuel is compressed and by increasing the 
temperature of the mixture, the initial energy is provided for combustion. 
Towards the end of compression, the combustion initiates by the auto-ignition 
phenomenon and it happens simultaneously at several points in the cylinder. 
The lean premixed fuel and simultaneous ignition at several points in the 
combustion chamber decrease the temperature of the ignition region (in 
comparison with conventional engines) which reduces markedly the production 
of NOX and decreases other emissions.  Figure 1.1 compares the HCCI with the 
SI and CI engine. 
The design of combustion chambers in I.C.E (Internal Combustion Engines) has 
become increasingly important from environmental, economical and fuel 
consumption stand points.  
Using gas fuels in I.C. engines has a number of advantages due to the future 
shortage of fossil fuels like gasoline and diesel, and also lower concentration of 
NOX (nitric oxide and nitrogen dioxide) and CO (carbon monoxide) compared 
with the combustion of fossil fuels. 
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Diesel engines are widely used and cannot be neglected in the near future. 
Diesel engine emissions like NOX and soot are dangerous for the environment 
and the health of people. Alternative fuels like ethanol, biodiesel and natural gas 
are being applied as effective fuels instead of diesel.  
 
Fig. 1.1 The Homogeneous Charge Compression Ignition (HCCI) engine  
 
Natural gas engines fall in the three groups of dual fuel engines (pilot injection 
and HCCI), bi-fuel and dedicated natural gas engines, table 1.1 shows a 
classification of different types and fuels used in I.C. engines.  
Natural gas (N.G.) dual-fuel pilot injection engines operate on a combination of 
natural gas and diesel fuel as pilot injection simultaneously, and natural gas 
dual fuel HCCI engines work with a charging system of premixed fuel and direct 
diesel fuel injection. 
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Table 1.1 shows the classification of I.C. engines. 
Types of 
ignition 
SI CI HCCI 
 
Application 
Light vehicles 
Power 
generation 
 
Light and heavy 
vehicles 
Power 
generation 
Dual fuel hybrid 
vehicle 
Power plant 
 
 
 
 
Fuels 
 
 
Gasoline 
Natural gas 
LPG 
Hydrogen 
Methanol 
Ethanol 
 
 
Diesel fuel 
Biofuel 
Pilot injection 
(Dual Fuel) 
DME 
 
Gasoline 
Diesel 
Propane 
Hydrogen 
Methanol 
Ethanol 
DME 
Twin fuel 
Dual fuel 
 
 
Ignition point 
 
 
Single 
 
Single 
 
Multiple 
 
Burning 
 
Stoichiometry 
 
Lean Burn 
 
Lean burn 
 
 
Preparation of 
mixture 
 
Carburation 
Injection 
GDI 
 
Injection 
(DI-IDI) 
 
Premixed 
Premixed + direct 
injection  
Fuel injection 
 
Emission 
 
High CO 
High NOx 
 
High NOx, 
High HC, High 
soot 
Low NOx  Low CO, 
Low HC, Low soot 
Loads Idle, part 
load, full load 
Idle, part load, 
full load 
Low, medium load and 
full load 
 
The majority of fuel is N.G., with diesel fuel in the pilot injection, similarly to dual 
fuel HCCI engines. The advantages of burning natural gas in diesel fuel are:   
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1) It burns more cleanly than diesel per unit energy, giving a reduction of the 
green- house gas, carbon dioxide, of up to 20 percent.  2) Conversion of fleets 
to any locally available natural gas would greatly reduce the dependence of a 
country on foreign petroleum.  3) In terms of price per mega-joule of energy, 
natural gas is less than half the price of diesel.  4) A dual-fuel diesel engine can 
still run on just diesel, so HCCI and pilot-diesel injection natural gas engines are 
not limited to being used only with natural gas.  5) In this condition, the negative 
effect of sulphur in diesel fuels with a high sulphur content is greatly reduced. 
Figure 1.2 shows the activity of modelling of combustion and emissions in the 
process of design and development of IC engines.  
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Fig.1.2 The process of design and development of IC engines 
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1.1 Dual fuel HCCI engines 
Similar to the other combustion methods, the controlled auto ignition 
combustion method has some advantages and they motivate researchers to 
develop this relatively new method of combustion. Dual fuel HCCI engines have 
more flexibility to use different mixtures of fuels and also have lower emissions 
at low and medium loads in comparison with diesel and gasoline and normal 
HCCI engines. The soot is very low due to the lean-burn and the homogenous 
mixture of fuels and air in the cylinder.  NOX is also low because the maximum 
temperature is lower in comparison with the other conventional engines. In a 
dual fuel HCCI engine with a premixed ratio above a certain value, NOX 
emissions decrease. With an increase of N. G. fuel, the burning process will be 
more rapid and oxidation becomes more complete. As a result, the amounts of 
CO and HC emissions decrease remarkably. The findings for a dual fuel HCCI 
engine show that the mixture of N.G. and diesel fuel has a great influence on an 
engine's power and emissions. In this work the results also show that the inlet 
temperature plays an important role in the vaporization of liquid fuel and the 
improvement of combustion. 
 
1.2 System under consideration 
For this study an internal combustion engine is used for modelling which has a 
defined bore and stroke given in chapter 9 of this report. The specification of 
this engine is investigated and the results obtained from simulation are 
compared with experimental results for the sample diesel Deutz engine (figure 
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1.3). It is carried out in order to validate the method applied in AVL Fire 
software. 
The engine modelled is the Deutz F6L912Q. The engine details are given in 
chapter 9 of this report.                                                                                                                                                                          
The initial conditions for the results obtained from experimental work are given 
in this report. Results have been extracted for the average pressure in the 
cylinder, heat release rate, and also for the emission of NO. In this work the 
results show a close similarity between experimental and theoretical results, 
generally within a few per cent.  
 
 
Fig. 1.3 Deutz F6L912Q diesel engine used in this study 
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1.3 Combustion engine modelling 
The modelling is used for design of an engine combustion system. The 
combustion system is designed to find and optimize the parameters as 
explained in the following:  
The investigation of the knock phenomenon in I.C. engines and study of the 
effects of some variables in combustion chamber design is a significant part of 
this work. If OH radicals (Hydroxyl radical) are increased in the interval between 
the initial point of ignition and end of combustion, then the probability of knock 
occurrence will be higher. For the species and their formation rate, the chemical 
kinetic model is applied.   
This work finds the probability of knock versus the effect of the equivalence ratio 
with relation to H2O, CO2, the density of burned zone and flame front, its radius 
and flame velocity, and also versus the temperature and pressure of the burned 
zone, and the heat losses. A simulation model is developed and is used to 
simulate the combustion process in IC engines; the simulation doesn’t need 
experimentally derived functions to calculate heat energy rate. It models the fuel 
energy and the flame propagation rate to determine the heat energy release. To 
perform this calculation, it needs a suitable relationship to calculate flame 
velocity. Additionally, the effects of the properties of the combustion chamber 
such as the location of the spark plug, the clearance volume and the other 
dimensions such as bore, stroke and displaced volume are included in this 
model. 
This model provides the facility for the user to set bore, stroke, connecting-rod 
length, the location of spark plug, revolution rate of the engine, temperature of 
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cylinder walls and the properties of fuel such as composition and octane 
number, then the program will calculate the effects of the different parameters 
on the performance and emissions of the engine. 
One of the most precise methods for investigation of combustion of a fuel is the 
detailed chemical kinetic method. In this method through solving a system of 
differential equations, it can deduce the concentration of chemical species, 
calculate the heat release of the energy source and calculate the increase of 
the mixture temperature and after a certain time, it can predict the ignition of the 
mixture. Therefore, using these equations can be an effective way to predict the 
self-ignition time. The kinetic equations are based on a combustion mechanism 
with a preliminary reaction series. Increasing the number of these equations 
and species will make the model more accurate. The coefficients in these 
equations are specified through experimental tests. In recent years, increases in 
the capabilities of laboratories and the development of high-speed computers 
provide the possibility to solve the complicated system of equations and use the 
detailed chemical rate methods for combustion prediction.                                                                                                           
To model dual fuel HCCI engines AVL FIRE software [74] is applied to simulate 
the combustion aspects. AVL FIRE is a finite volume based CFD package and 
is chosen because this software is used to study the optimization of combustion 
chamber design, also modelling of combustion is convenient with AVL FIRE 
considering the existence of a graphic user interface. Using this software, the 
processes in the cylinder can be simulated by a moveable mesh model from the 
time of IVC (Inlet Valve Close) to the time of EVO (Exhaust Valve Open). This 
software is used to investigate and optimize the effect of the parameters such 
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as inlet temperature, fuels ratio, diesel fuel injection timing, engine RPM and 
EGR on engine combustion. 
 
1.4 Aims and objectives  
The main aims of the first part of this work are to develop, formulate and 
implement the laminar flamelet model [53] and a hybrid Lagrangian / Eulerian 
method [73] to provide a framework for incorporating detailed chemical kinetics. 
This model has been applied to an engine and the validation of the chemical 
kinetic mechanism has been done by showing the independence of simulation 
to the time step, and the correlation of the flame velocity from this mechanism 
with the experimental model of Franklach and Wang [109]. The effects on the 
performance of the engine of the other parameters such as fuel equivalence 
ratio, compression ratio, location of spark plug and ignition timing have been 
investigated. 
The main aim of the second part of this work is to investigate the specification of 
the sample engine and compare the results obtained from simulation with 
experimental results for this sample engine in order to validate the method 
applied in AVL Fire software. In this work, AVL FIRE software [74] is then used 
to simulate the combustion in a HCCI engine. This software is a finite volume 
based CFD package and is chosen because this software can be applied to 
study the optimization of combustion chamber design. This method is used to 
investigate and optimize the effect of parameters such as inlet temperature, 
fuels ratio, diesel fuel injection timing, engine RPM, and EGR on combustion in 
a HCCI engine. 
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The objectives for design of combustion system are to understand: 
 The relation between flame velocity, the fuel and the combustion 
temperature. 
 The behaviour of heat loss when the pressure and temperature vary. 
 The behaviour of OH radicals when the concentration of fuel varies.  
 The relation between compression ratio, surface area of the flame core 
and flame velocity  
 The relation between the amount of fuel in unit volume, the rate of 
combustion and the probability of forming OH radicals. 
 The relation between the amount of OH radical and the access rate of 
flame to the fuel.  
 The effects of the mixture ratio of methane and diesel fuel on a HCCI 
engine's power and emissions.  
 The effects of Inlet air temperature on the start of combustion in a HCCI 
engine 
 The relation between inlet temperature, the average temperature in the 
cylinder and NOX  emissions. 
 The relation between methane premixed ratio and duration of 
combustion.  
 The effects of the amount of methane fuel in the mixture on the burning 
process and the amounts of CO and HC emissions.  
 The relation between the composition of methane with diesel fuel, the 
average temperature in the cylinder and NOX emissions. 
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1.5 Contributions 
This work can result in development of a new type of HCCI dual fuel I.C. 
engine. The major contributions are to show the effect of the mixture ratio of 
natural gas and diesel fuel and the significant role of inlet air temperature on the 
start of combustion and on a HCCI engine's power and emissions, and also to 
show the dependence of combustion duration on the methane premixed ratio 
which affects on the performance of the engine. 
The main findings in this work are outlined as follows: 
 -With an increase of premixed ratio beyond a certain amount, NOX 
emissions decrease.  
 -An increase the amount of methane fuel in the mixture causes the 
amounts of CO and HC emissions to decrease remarkably.  
 -More methane fuel in the mixture will lead to a decrease in the duration 
of combustion and cause more effective combustion. 
 -Inlet air temperature strongly affects the start of combustion of a HCCI    
engine, so that inlet temperature is a controlling factor for auto-ignition.  
 -The early fuel injection helps achieve a homogenous mixture in the 
chamber before combustion, and it enables the HCCI combustion. 
 -By increasing inlet EGR and increasing the heat capacity of the mixture, 
the reaction speed of combustion decreases. In this condition the start of 
ignition is further delayed and the duration of combustion increases.   
 -With a relative increase of premixed ratio and an increase of RPM, the 
growth rate of pressure increases markedly and at high RPM, knock 
phenomenon is observed in HCCI combustion. 
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1.6 Structure of the report 
Chapter 2 of the report gives a review of the relevant literature since 1930 as 
this is when the theoretical and experimental basics of HCCI engines were 
done. This chapter investigates the simulation of the combustion and emissions, 
and the determination of the combustion characteristics of dual-fuel engines 
numerically and experimentally. Chapter 3 defines the governing equations, 
different simulation models, and also the assumptions in these models as well 
as the thermal NOX formation mechanism for prediction of NOX production. In 
chapter 4 model classes, reaction mechanisms, software for modelling and the 
findings from some simulations are studied. In chapter 5 Chemkin software and 
thermodynamic equations are discussed. Chapter 6 shows the effects of some 
parameters such as compression ratio, fuel equivalence ratio and spark timing 
on the engine performance. The phenomena of damage and noise due to knock 
is also investigated in this chapter. In chapter 7 the significance of the 
combustion process in a HCCI engine and its advantages and disadvantages in 
comparison with SI and CI engines are investigated. In chapter 8 AVL Fire 
based software is applied to simulate the combustion and optimize the 
combustion chamber design. In chapter 9, the results obtained from simulation 
are compared with experimental results for the sample engine in order to 
validate the method applied in AVL Fire software. Then the effect of the 
parameters such as inlet temperature, fuels ratio, diesel fuel injection timing, 
engine RPM, and EGR on combustion in a HCCI engine are investigated. The 
final chapter is for discussion and conclusion and also gives suggestions for 
further and future work. Figure 1.4 shows the structure of the thesis. 
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Fig. 1.4 Structure of the thesis 
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Chapter 2   Background and literature Review 
In this part of the report, the research and works of the other researchers in the 
field of combustion of dual fuel and dual fuel HCCI engines are investigated. 
The theoretical and experimental basics of HCCI engines are related to Mr 
Nikolai Semenov et.al in the 1930s. He did his work to clarify the theory of 
combustion in this type of engine and also worked to control the combustion 
using results from the chemical-kinetic method. 
The research on the combustion of gaseous fuel goes back to the 1940s and 
the first dual fuel engine was manufactured in the USA in 1943. 
Most research in the field of pilot injection or dual fuel engines, especially on 
their combustion has been carried out in the last two decades. This chapter is 
divided into dual fuel engine development, comparison with conventional 
engines and modelling techniques in dual fuel and HCCI engines.  
 
2.1 The development of the combustion process in dual-fuel engines:  
Davis and Elliott [2] in 1951, observed low efficiency and low output in dual-fuel 
engines at part loads due to the weak propagation of flame in a lean mixture of 
air and gas. They pointed out that a portion of gas fuel leaves the combustion 
chamber without participating in the oxidation reaction. 
In 1952, Lewis and Moore [3] stated that in very lean mixtures only the regions 
in direct contact with the firing fuel spray react and a portion of gaseous fuel 
always remains unburned up to the discharge process.  
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In 1955, experiments on the performance of dual fuel engines at part loads 
were done by Moore and Mitchell [4]. Increasing the amount of firing fuel and 
fuel injection advance were suggested as a solution to improve the combustion 
process.  
In 1964, Karim [5] tried to predict the output of an engine that is restricted by 
knock in pilot injection engines. He assumed that the knock related to the auto-
ignition of a fresh gas fuel charge at the same temperature as reached at the 
end of the compression process. He obtained a simple relationship between the 
inlet charge temperature and the engine output, for an engine that is restricted 
by knock. 
Karim et al. [6] in 1966 showed that the observed knock in pilot injection 
engines is basically due to the auto-ignition of the gas-air mixture which is 
dependent upon existing ignition centres of diesel fuel spray. In this year (1966), 
Azouz [7] investigated experimentally the initiation of knock in a wide range of 
performance conditions of inlet temperature, the amount of firing fuel, fuel 
injection timing and the pressure of injected fuel. He concluded that the initiation 
of knock is very sensitive and dependent on the variation of inlet temperature, 
but increasing the diesel fuel for firing does not have significant effects on the 
knock limit. He also analysed the exhaust gases over a wide range of injection 
timing for the firing fuel versus the inlet temperature and injected pressure. He 
found that most of CO and unburned methane is produced for fuel equivalence 
ratios from 0.4 to 0.5. Increasing or decreasing this ratio can reduce CO and 
unburned methane in the exhaust gases. 
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In 1980, Karim and Burn [8] experimented with the combustion phenomenon in 
dual fuel engines with different gas fuels. They found that the increase of 
ignition delay depends strongly on the inlet temperature. The low temperature of 
inlet mixtures with low amounts of firing fuel causes irregularities in the function 
of the engine and also causes an increase of ignition delay.  
In 1986, Acker [9], observed that temperature, pressure and the concentration 
of fuel have a significant role in an engine in determining the ignition 
temperature and ignition delay. 
In 1989, Karim et al. [10] stated that the development of the combustion 
process in dual-fuel engines is independent of the characteristics of spray and 
the ignition of diesel fuel, but it depends on the type of gaseous fuel and its 
concentration levels in the cylinder. They showed that in very lean mixtures and 
with very low pilot ignition, the initial flames cannot propagate in all parts of the 
cylinder. Any process that increases the region of pilot combustion or improves 
the capability of ignition around the ignited fuel can also decrease the unburned 
hydrocarbons remarkably. 
In 1992, Tao [13] experimentally found that emissions of NOX in dual fuel 
engines are lower than in conventional diesel engines. He showed that the 
ignition delay and the low temperature of gas combustion are the means of 
producing low NOX in dual-fuel engines. 
In 1993, Karim et al. [14] observed the decrease of methane concentration in 
compression of natural gas and air before the spray of igniting fuel. Although 
this decrease of concentration is insignificant, these results show the 
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importance of chemical kinetics at low temperature, and the effects of the 
increase of temperature caused by compression of natural gas fuel and air. 
In 1997, Liu, Karim [15] simulated the combustion phenomenon in dual fuel 
engines by using a multi-region model of thermodynamic and chemical kinetics. 
They found that the increase of the temperature and pressure caused by 
compression processes on the mixture of natural gas and air causes certain 
reactions, and produces intermediate species like radicals, carbon monoxide 
and formaldyde. 
In 2000, Kusaka, et al. [19] investigated the effects of using a heat exchanger 
and EGR on combustion and emissions in a four-cylinder engine with direct 
spray. Increasing the inlet temperature improves the combustion at part load, 
but increasing the combustion temperature causes higher NOX emissions.  
 In 2003, Selim [26] studied the effects of cold EGR on the performance and 
noise output of dual-fuel engines. The results showed that increasing the EGR 
percentage decreases the noise of output. 
In 2000, Abd Alla et al. [18] did research on the effects of the amount of igniting 
fuel on the performance of dual-fuel engines. The results show that an increase 
of diesel igniting fuel improves the performance of dual-fuel engines at all loads. 
 
2.2 Comparing dual fuel and diesel engines:  
In 1937, Riffkin [11] used city natural gas as the main fuel for running a 
compression ignition (CI) engine. He stated that the ignition delay in CI engines 
with gaseous fuel is longer than for those with pure diesel fuel.  
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In 1988, Callan [12] stated that dual-fuel engines, regardless of the additional 
expenses, have more flexibility to use liquefied and gaseous fuels in 
comparison to diesel engines and their emissions decrease considerably in 
comparison with engines that use only diesel. 
In 2000, Hountalas and Papagiannakis [20] found that in comparing dual-fuel 
engines to diesel engines, the thermal efficiency is lower, and UHC and CO are 
higher at low load. 
 
2.3 Modelling the combustion of dual fuel engines:  
In 1998, Assanis and Agarwal [16] considered the chemical kinetics, including 
104 reactions and 22 species, in the self-ignition of natural gas by using a multi-
dimensional model and KIVA A-3 code. This simulation was done on a dual fuel 
engine with direct spray. This modelling is valid provided that the temperature is 
under 1300 K. 
In 1999, Pirouzpanah and Kashani [17] predicted the emissions of dual-fuel 
engines with a direct spray. They developed a code for the simulation of 
combustion process in these engines. 
In 2001, Mbrawa et al. [21] investigated the combustion of diesel-gas in a 
constant volume combustion bomb. In this research, fuel spray atomization 
models with evaporation, heat transfer to drops, collapse of the fuel jet at the 
wall and a k-ε model for turbulence were used. Also for modelling of ignited fuel 
combustion, they used the Arneius equation with 16 species. The results show 
that by decreasing the diameter of the drop, and increasing the number of 
  
 
20 
 
injector nozzles, the efficiency of the engine increased which was attributed to 
better mixing and atomization. 
In 2002, Kusaka et al. [22], modelled a dual-fuel engine using KIVA-3 code with 
chemical kinetics including 173 reactions and 43 species. It was done using 
Chemkin-2 code as a coupling. The results show that for a mixture of 80% 
natural gas and 20% diesel fuel, the combustion (comparing with the baseline 
engine) is very smooth and that methane did not burn completely due to the 
reduction of cylinder temperature at the end of the expansion process. 
In 2002, Micklow and Gong [23], investigated the effect of multi-stage injection 
of igniting fuel on the performance and emission of dual-fuel engines by using 
KIVA-3V code. For combustion of diesel fuel they used one mechanism of one-
stage, and for methane fuel they used one mechanism of two-stages and five 
equilibrium reactions. They also applied the developed mechanism of Zeldovich 
for calculation of NOX emissions. 
In 2002, Ogawa et al. [24] investigated the shape of the combustion chamber of 
a dual fuel engine in order to decrease the NOX emissions, reduce smoke and 
reduce knock using FIRE software.  
In 2003, Kusaka et al. [25] studied the combustion and emissions of a dual fuel 
engine at part load for two types of engine of four and two cylinders 
respectively. They used KIVA-3 code including 290 reactions and 57 species. 
They found that in dual-fuel engines under the part load condition, due to the 
lean fuel mixture, the combustion is incomplete and it causes a sharp decrease 
in thermal efficiency and an increase of unburned hydrocarbons.  
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In 2003, Reitz et al. [27] studied two types of engines: Deutz and Caterpillar 
3401, by multi-dimensional numerical solutions and also experimentally. They 
did the work using KIVA-3V code. They developed models for spray, 
atomization, ignition, combustion, chemical reactions and emissions for dual-
fuel engines. 
In 2004, Reitz et al. [28], using KIVA-3V code, simulated the combustion and 
emissions of dual-fuel engines. In this research they used the ignition model of 
SHELL and the combustion model of CTC.  
 In 2005, Liu and Karim [29] simulated the combustion of the Isuzu 3KCI engine 
using KIVA-3 code. This engine has two pre-chambers and a main chamber. 
The combustion was divided into two stages. In the first stage, igniting (diesel) 
and gaseous fuels in the pre-chamber ignite, and in the second stage, the 
combustion of gas fuel occurs in the main chamber and also during the 
expansion stroke. In this condition the emissions of UHC and CO at part loads 
decrease. 
In 2005, Reitz et al. [30] presented a model named the G-Equation Model for 
simulating combustion of a dual-fuel engine using 90% natural gas. In this 
condition, the combustion is similar to that in SI engines. 
In 2007, liu et al. [31] investigated the combustion characteristics of dual-fuel 
engines numerically and experimentally and they found that the existence of 
igniting fuel is necessary, even with a very low amount, for initiating the 
combustion. 
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 In 2007, Pirouzpanah and Khoshbakhti Saray [32] studied the effects of hot 
EGR on the combustion and emissions of dual-fuel engines at part load 
conditions.  The result of this research showed that using hot EGR, compared 
to normal EGR, improved the performance of these types of engines. In this 
condition with hot EGR, it was possible to decrease EGR to meet the defined 
requirements.  
In 2008, Zheng and Vao [33] developed a reduced simulation mechanism for 
burning n-heptane in HCCI engines. This mechanism included 58 reactions and 
42 species.  
 
2.4   Modelling the combustion of HCCI engines:  
A more systematic investigation of the ignition system of HCCI engines has 
been done by Nogochi and Onishi [34]. For the first time, in 1979, HCCI 
combustion as an alternative method for combustion in two-stroke engines was 
introduced by Onishi et.al [34]. They solved the problems of two-stroke engines 
which were due to the gases remaining in the cylinder at low loads, and were a 
cause of the combustion after the engine was turned off. They applied a new 
method for combustion to solve this problem. They found that using auto- 
ignition combustion in the mixture caused a remarkable reduction of emissions 
and also a decrease of the fuel consumption of the engine. In the beginning, he 
named this phenomenon as ATAC (Active Termo-Atmosphere Combustion) 
[34]. In scientific texts, different names were applied to this combustion mode 
including LHC (Lean Homogenous Combustion), CIHC (Compression Ignition 
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Homogenous Charge Compression) and AR (Active Redial Combustion). 
Nowadays, this combustion mode is known as HCCI.  
Steady combustion can generally take place between two points of low and high 
load. Initial work was rapidly applied in the 10 GC engine which was the product 
of the Japanese Clean Engine Institute, and was used for stationary power 
generation. Simultaneously Neguchi et.al [35] did work experimentally on this 
kind of combustion in the Toyota Company. They found that this kind of 
combustion for two-stroke engines is very good in specific conditions. While the 
total burning rate of combustion is very fast, the combustion will be smooth and 
the emissions and fuel consumption will be low. By using a spectrometric 
analyser, he measured the content of middle species such as H2O2, CHO2 and 
Oxygen radicals in the cylinder exactly before auto- ignition. These chemical 
species are a characteristic of low temperature of combustion in paraffin 
hydrocarbon fuels. After the ignition they observed a high concentration of OH, 
H and HC radicals which show a high temperature combustion chemistry. 
These chemical species are similar to the ones found in SI engines when auto- 
ignition and knock happen. As a result, they found some similarity between this 
kind of combustion and auto- ignition in SI engines.  
In 1983, Najt and Foster developed this work for four-stroke engines [36]. They 
did experiments with different kinds of Aromatic and paraffin fuels for different 
air-fuel ratios and RPM. In this kind of engine, the temperature of inlet air can 
increase since there is no advantage of retaining gases in two-stroke engines.  
By using the simplified chemical kinetic models and analysis of heat release 
rate from pressure data, they could show that this kind of combustion is divided 
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into two processes: ignition and mass heat release. Mass heat release is the 
release of the major part of the energy. They also found that the knock in SI 
engine resulted from auto ignition of low temperature combustion (under 
1000oK). Heat release is done by high temperature combustion (over 1000oK), 
CO oxidation happens in this condition. 
 
2.5 HCCI engines 
The study of HCCI engines can be classified in two groups:  
1) Study to investigate the auto-ignition phenomenon. This study is usually 
done experimentally by using shock tube and rapid compression 
machines. The results of these studies help to develop experimental 
models for prediction of auto-ignition. 
2) Study of the performance of HCCI engines and investigation of the effect 
of different parameters to control auto-ignition. In this study either by 
ignoring the flow field (zero-dimensional model), or by solving the fluid 
dynamics along with the chemical reactions (multi-dimensional model), or 
else by using experimental results, investigations were made of the effect 
of different input parameters on the performance of engines.  
Firstly, some studies of first group are explained as follows: 
In 1997, Griffiths investigated the knock phenomenon in HCCI engines [37]. 
Knock in these engines is early auto-ignition of mixture before a reasonable 
time. In this study, he applied a rapid compression machine and the fuel was n-
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Heptane. The results of the study show that the combustion of n-heptane is 
done in two distinct stages.  
In 2004, Huang et.al investigated the ignition limits for the mixture of n-Butane 
and air. He studied very lean mixtures at similar temperatures and pressures to 
the working conditions of a HCCI engine [38]. 
In 2005, Wanhua developed a reduced mechanism to predict auto ignition of n-
Heptane in a HCCI engine [39].  
In 2006, Vanhove measured the ignition delay time of five mixtures of 
conventional fuels in a rapid compression machine [40].  
In 2005, Bakali investigated the ignition of methane in low pressure mixtures 
[41]. He suggested a detailed chemical mechanism to model methane in 
working conditions similar to HCCI engines, and he used a shock tube for his 
experimental work. This mechanism is able to predict the effect of adding heavy 
hydrocarbons to natural gas. The predicted ignition delay times from this 
mechanism was validated by experimental results.  
In 2005, Buda et al. [42] investigated the ignition delay times of three fuels of 
Propane, n-Heptane and n-Decane by using a detailed chemical mechanism, 
and studied also the effects of pressure, temperature and composition of fuel.  
The studies of the second group include a wide range of engine parameters and 
many different methods to control HCCI engines. 
In 1989, Thring [43] studied four-stroke HCCI engines, using a mixture of air 
and a percentage of EGR. He stated the working limits of the new engine as 
follows:  
  
 
26 
 
-The problems related to the auto-ignition timing.  
-The performance at low load limit in comparison with conventional engines. 
Finally he suggested using a normal ignition system along with the HCCI 
combustion, for conditions where HCCI ignition is unreliable.     
In 1996, Ryan et al. [44]  studied combustion in HCCI engines with diesel fuel at 
different compression ratios. Different kinds of fuels were tested for combustion 
in these kinds of engines. 
In 1997, Iida [45] experimented with the two-stroke engine in the dual mode of 
SI-HCCI with the fuels of diesel, methane, methanol, ethanol and DME. In this 
study he maintained the fuel equivalence ratio between 0.7 up to 1.2 to access 
two modes of combustion of HCCI and SI. The result of this study showed the 
unsuccessful performance of engines with methane and propane fuels. The 
other experimental fuels were useable for only low loads.  
The only fuel showing a suitable capability at different loads was DME, but this 
fuel caused knock in some conditions. Nowadays, the combustion in this kind of 
engine is better understand and by applying new control methods, different 
kinds of conventional fuels are used for this combustion.  
In 2001, Flowers et al. could predict the combustion of natural gas and heavier 
hydrocarbons to C4 by using a zero-dimensional model and an advanced 
chemical mechanism. He investigated the effects of the variation of the 
composition of fuel, adding DME, heating the inlet air and using EGR on the 
performance of the engine [46]. 
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The investigated parameters were pressure, temperature and Nitrogen Oxide. 
Normally the combustion of HCCI is assumed to be completely homogenous. In 
2001, Kraft et al. [47] investigated the effect of non-homogenous combustion on 
the performance of engines by using a stochastic model for HCCI engines. The 
studied fuel was natural gas and for modelling of chemical kinetic, he used a 
mechanism with 53 chemical species and 590 chemical reactions. 
In 2007, the effect of fuel additives to control performance was studied by 
Morsy. He used the chemical mechanism of GRI 3.0 along with an auxiliary 
mechanism for modelling of the combustion of DME, Aldehyde (CH2O) and 
Proxyde Hydrogen (H2O2) in the zero-dimensional model. He investigated the 
effect of additives on the exhaust emissions and on the maximum pressure and 
temperature in the cylinder [48]. 
Most studies have considered the closed cycle including the combustion 
process and, by using a zero-dimensional model with complete chemical 
kinetics, the closed cycle has been successfully simulated. In the induction and 
discharge processes, a one-dimensional model has been used for calculation. 
The studies consider the fluid flow in a HCCI engine, usually, to simplify and 
reduce the time of calculation, using reduced chemical kinetics. In 1999, 
Kusaka investigated the combustion of natural gas in HCCI engines by using a 
multi-dimensional model and detailed chemical kinetics with a mechanism 
including 151 chemical species and 501 fundamental reactions [49]. The results 
of this model showed an improvement of the maximum temperature and 
pressure of the cycle versus the predictions of a zero-dimensional model. In this 
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study, Kiva and Chemkin software are used and the calculation time has 
increased in comparison with the zero-dimensional model.  
In 2002, Kong [50] studied the auto ignition delay and investigated the effects of 
turbulence in the engine by using detailed chemical kinetics. This showed that 
using a two-dimensional model along with chemical kinetics is enough for 
simulation of the combustion of a completely homogenous charge. 
In studying combustion in CI engines that use injectors, ignoring the effects of 
3-D causes a low accuracy in results, Flowers et al. [51] compared the obtained 
results of two models of zero-dimensional and 3-D with experimental results in 
2002. They observed that zero-dimensional models predict the start of 
combustion and maximum pressure and also predict thermal efficiency and NOX 
emissions sufficiently well for most work. This model can optimize the 
performance and strategy of the engine control. The advantage of multi-
dimensional models is the accurate prediction of HC and CO emissions. These 
kinds of models are suitable for optimizing the geometry of the combustion 
chamber and can accurately indicate conditions for high efficiency and low 
emissions.  
In 2007, Kong [52] investigated the combustion of natural gas along with DME 
and the performance of a dual-fuel engine by using a multi-dimensional model 
with detailed chemical kinetics and a mechanism including 83 chemical species 
and 360 fundamental reactions. He obtained the result that the combustion 
starts with oxidation of DME and then reaches the natural gas. Increasing the 
amount of natural gas means the limit of performance will be narrower and 
cause greater probability of knock. 
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2.6   Summary 
Review of the research and works of the other researchers in the field shows 
the development of knowledge in the combustion process in dual fuel HCCI 
engines by experimental work and recently, by modelling and simulation of the 
combustion process. 
Using KIVA-3 code with Chemkin-2 code as a coupling, and also AVL FIRE 
software, they developed models for spray, atomization, ignition, combustion, 
chemical reactions and emissions for dual-fuel HCCI engines. They have also 
applied the developed mechanism of Zeldovich for calculation of NOX emissions 
and investigated the shape of the combustion chamber in order to decrease 
NOX emissions, reduce smoke and reduce knock.  
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Chapter 3   Theoretical Analysis 
 This chapter defines the governing equations, a number of different engine 
models and also the assumptions and hence limitations for the models. In 
chemical kinetics, the reaction rate for each direction of an equilibrium reaction 
which depends on reactants’ concentrations and their stoichiometric coefficients 
are explained and defined. For prediction of NO production, the thermal NO 
formation mechanism and its equation are described.  In this chapter, the 
fundamental approach for development of a model for simulation is explained. 
 
3.1 Basic Approach 
The general combustion chemistry can be written with the following formula 
              	
 +

 	 →  + ,  (3.1) 
where 	
  and 	 is fuel and oxygen species mass fractions respectively and 
 
and  are molar weights.   
Arrhenius law gives the reaction rate: 
           =   ( ")
$( ")
$%&'() (* ,  (3.2) 
where   is the reaction rate, +, is temperature of activation, A is a constant and    
-
 and - are the stoichiometric coefficients. 
The establishment of combustion depends on chain reactions. It includes three 
main stages:  
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     1) Production (radicals from the fresh mixture of fuel and air). 
2) Branching (new radicals appear by interaction of radicals, reactants and 
products)  
 3) Termination (radicals collide and turn into products). 
The rate of reaction can be described by: 
            =   ( ")
$( ")
$%&'. ∝  * %&('.
012
013(012)) ,   (3.3) 
 where  θ = 5'5657'56   is the non–dimensional  temperature, β  is the Zeldovitch 
number and 9 is the heat release factor, where  β =∝ 5:57      and  ∝=
57'56
57 . 
Ts is the temperature of burned gas at final equilibrium and Tf is the temperature 
of fresh gases (ambient temperature) [53]. 
   
3.1.1 Transport Equations:  
The transport equation can be written as follow:                                                                                                                      
          
>?"@
>@ = ∇BC∇DE	C − GCC  .      (3.4)  
The transport equations for a reacting flow are the energy and species transport 
equations with variable density, and these need appropriate boundary 
conditions that may be of Dirichlet or Neumann type. The temperature transport 
equation can be written as: 
          
>HIJ(
>K = L. N∇DE+ + OGPP  ,      (3.5) 
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where  is density and QR is specific heat of constant pressure. The diffusion 
can be modelled using Fick’s law [53]. 
3.1.1.1 Low- Mach Number equations: 
In compressible flow the motion of the fluid is not negligible compared to the 
speed of sound. In such a system a proper reference velocity is the speed of 
sound and a proper pressure reference is the kinetic pressure. 
We define some symbols which are used in the following equations: 
Density (S ) is a reference density (upstream density). Velocity (TS ) is a 
reference velocity (normally the inlet average velocity). Temperature (+S) is a 
reference temperature (normally the upstream average temperature). Static 
pressure (S) is equal to S] +S from the Boyle-Mariotte relationship. Length ^S is 
a reference length (representative of the domain). Time  _` ^S TS* , 
Energy QR+S is internal energy at constant reference pressure,QR must also be 
chosen in a reference thermodynamic state. 
The equations for fluid mechanics can then be written [53]. Mass conservation: 
This describes conservation of mass in a flow. 
         
ab
ac= - ∇d . ( d)  (3.6) 
Momentum equation: This describes conservation of momentum. 
         
e(?fg)
eh  = - ∇d . (d) + ∇d . id- ∇+  ∑ 	C
klCmn oC (3.7)         
Energy: This describes conservation of energy.                                                                                                                               
  
 
33 
 
          
e(?p)
eh  = -∇d .[ d( + )] +∇d . (id. ) - ∇d . qd+ 
           ∑ 	CklCmn oC(rC+) (3.8)        
   
Species:                                                                                                     
         e(?"@)eh = -∇d . (	Cd) - ∇d . (	CrdC) + sC t            (3.9)   
State law:   
            P=ρRT         (3.10)                                                            
Where Ld is the gradient operator in direction u ,  	C  is the mass fraction of 
species i , sC is the molecular weight of species i , id is the stress tensor, fwx is 
the body force on species i in direction G, qd is the heat flux vector, rdC is the 
species mass diffusion velocity, t  is the molar production rate of species i and  
 is the specific total energy (internal energy plus kinetic energy). 
  
The low Mach number equations are obtained considering that M2 is small. 0.1 
is usually taken as the limit, which leads to the value of a maximum Mach 
number of 0.3 to characterize the incompressible regime. 
The total energy reduces to internal energy as: . 
The low-Mach number energy equation leads to the temperature equation as 
used in combustion analysis: 
                                                             (3.11) 
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The Damköhler Number is useful in characterising a system: Dz = {|{}, 
where B, is one of the non-dimensional group, i is the rate at which it’s fed by 
reactants, and i is the characteristic chemical time (the strength of chemistry to 
consume them). 
As a flame is a reaction zone, two aspects of i and i have to be considered. 
Real flames are usually close to the state of B, to be large. If B,  is large, it 
means the chemistry has always the time to fully consume the fresh mixture 
and turn it into equilibrium. The characteristic reaction time                           is 
estimated to be of the order of one tenth of a millisecond. While Da is low, the 
fresh mixture cannot be converted by a too-weak chemistry. The flow remains 
frozen. This situation happens without ignition or with a misfire [53]. 
 
3.2 Conservation laws: 
The conservation laws are shown by the following equations:                                                                        
       (3.12)          
       (3.13) 
where  	
  and 	 is fuel and oxygen species mass fractions respectively and M 
is molar weight.   
 
Those coupling functions are named Schwalb-Zeldovich variables. 
Hence,  
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 (3.14) 
 
3.3 Assumptions for models: 
The assumptions commonly used for models of dual-fuel engines are as 
follows: [54] 
1) The diesel engine (pilot injection) is a single-cylinder four-stroke. 
2) Only the closed cycle from IVC to EVO has been considered in the 
model. 
3) The whole cylinder is assumed as a single zone with uniform 
temperature and pressure. 
4) The in-cylinder mixture is treated as an ideal gas. 
5) Blow-by is neglected. 
6) The mixture at IVC is thoroughly homogenous. 
7)  The modified Woschni model is used to evaluate the heat transfer to 
cylinder wall. 
In the developed zero-dimension model, the whole combustion chamber is 
considered as a control volume. Energy and mass conservation equations 
should be solved simultaneously for this system. 
The energy equation is O − s = r. This equation, for the mixture of several 
chemical species, can be written: 
O − &r = , +  ∑ CkCmn C,                                                          (3.15) 
 
and 
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as Q is only due to heat transfer to the cylinder wall and the mixture is a perfect 
gas. 
By separating the temperature terms, the first differential equation of the model 
can be obtained [54]: 
+
 =
1
 

 − &
r
  −  ∑ TC
CkCmn
Q      .                                               (3.16) 
This equation shows that the in-cylinder temperature variations originate from 
two sources: 
• Energy transfer through the control volume border. 
• Variation in chemical composition of the system.  
The mass conservation in chemical reacting systems is defined as the 
conservation of chemical elements. The rate of mole fraction change is  
           
@
h =
@@
?          (3.17) 
Equation (3.17) should be written for every chemical component and this set of 
equations must be solved simultaneously with equation (3.16). A detailed 
chemical kinetics mechanism is needed to determine the 
production/consumption rate of each chemical component (C). 
There is a need for another differential equation to close the differential 
equations system. This equation defines the rate of change of combustion 
chamber via a slider-crank formula: 
          V= [1+'n (] + 1 − cos  − √] − `_-)]   (3.18)  
where   is the clearance volume, R is crank radius and  is crank angle.  
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3.4 Chemical kinetics: 
The mass action rule explains the reaction rate for each direction of an 
equilibrium reaction and depends on reactants concentration and their 
stoichiometric coefficients. The reaction rate is [35]: 
          ]] = 
 ],] − Q]      (3.19) 
The rate constant K is determined by the Arrhenius relation in equation (3.20). 
            =  +.%& ')(       (3.20) 
Each chemical reaction mechanism consists of some primary reactions which 
are either simple or with a third body. A simple primary reaction can be 
assumed as [54]:  
          ∑ C  ¡C  ⇔  k£mn ∑ C" ¡Ck£mn                     _ = 1,2, . . . , ¦     (3.21) 
For each simple primary reaction, the reaction rate equation turns to: 
          ]]C = 
,C ∏ ¡k£mn ]¨©ª.@ − ,C ∏ ¡k£mn ]¨"ª.@            (3.22) 
In some reactions a “third body” is required for the reaction to proceed; this is 
often the case in dissociation or recombination reactions, such as: 
           + « +  ⇔ « +       (3.23) 
As the concentration of the third body affects the reaction rate, RRi differs from 
equation (3.22). The third body concentration includes the concentrations of all 
species due to their enhancement factor. Therefore, the reaction rate for these 
types of primary reactions is [55]: 
          ]]C = ¬∑ ,C­+®k£mn ¯ °
,C ∏ ¡k£mn ]¨©ª.@ − ,C ∏ ¡k£mn ]¨"ª.@    ±   (3.24) 
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The coefficients can be obtained from different sources like NASA Polynomials 
[1]. So the production/consumption rate of each chemical component can be 
calculated as: 
          t = ∑ ]](k²mn C  -C" ).      (3.25) 
 
3.5 Heat transfer model 
To define  
³
h  , it is common to use the Woschni heat transfer model for 
traditional internal combustion engines, but due to the rapid combustion period 
of HCCI engines, a modified relation can be used [57]. This modified model 
describes:  
           
³
h = ℎ(+ − +µ),            (3.26)            
where the convection heat transfer coefficient is: h=129.8^'S.+'S.¶·(2.28¡R +
o(&))S¹ where 
           o(p)=3.34X10'» ¨¼(½R½ ½¨ (& − &¾h)     (3.27) 
a (p-pmot) is the difference between the firing and motoring pressures, Sp is the 
mean piston speed, Tr is reduced temperature, Vr is reduced volume, Pr is 
reduced pressure, Vd is displaced volume and L is the charactristic length scale.  
 
3.6 Mathematical Model  
A 3-D turbulent flow model is applied for the non-premixed burner [53]. This 
model uses a modelling approach that solves transport equations for one or two 
conserved scalars and the mixture fractions. Multiple chemical species, 
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including radicals and intermediate species may be included in the problem 
definition. Their concentrations can be derived from the predicted mixture 
fraction distribution (fluent Inc.) [53]. 
 
3.7 Governing equations: 
Gas flow fields can be calculated by a standard k-¿ turbulence model. The basic 
equations are as follows [56]: 
3.7.1 Continuity equation  
The equation for mass conservation is written as follow: 
          L( ∙ ) = 0          (3.28) 
where ρ is the mass density and u is the velocity vector. 
3.7.2 Momentum equation  
Reynolds averaged momentum equations are defined as: 
          °ef@eh + r
ef@
eÁ@± =
'eÂ
eÁ@ +
eÃÄ@ÄÅª
eÁª +
e@ª
eÁª  .       (3.29) 
Reynolds stresses,]C are defined as: 
          ]C = Æh ef@eÁª +
ef@
eÁ@ −

· ÇC.                                                                      (3.30) 
Eddy viscosity is defined as Æh = È
É
» QÃ , where QÃ = 0.09 , and where the 
turbulent kinetic energy (k) and its rate of dissipation (¿) are obtained from the 
following transport equations [56]: 
        
e
eh (Ç) + _ (Ç)   = _ (Æ +
ÃK
ËÌ)∇Ç + Í − ¿                        (3.31)      
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          eeh (¿) + _(¿) = _ °Æ +
ÃK
ËÌ± ∇¿ + Qn
Î
È Í − Q
ÎÉ
È      (3.32) 
where C1 and C2 are constant coefficients, G is generation of turbulence due to 
the mean velocity gradients, ÏÎ = 1.3, Æ is molecular viscosity, Æh is the turbulent 
viscosity of the gas phase and u is velocity. 
 
3.7.3 Energy equation: 
The energy equation is written as follows: 
           >p>h = 
ep
eh + . ∇ = −∇. q − &∇.  + i       (3.33) 
where e is energy,  ρ is the mass density, u is velocity, p is the pressure, τ is the 
viscous stress tensor and q is heat flux. 
3.7.4 Radiation equation: 
For studying radiation heat transfer, the equation for a steady system is: 
          
Ð(Á,)
Á = −(Ç + Ï)Ñ(%, ) + ÇÑ +
Ë
»Ò Ó Ñ(%, )u
»Ò
S .    (3.34) 
In the above equations  Ñ(%, ) is radiation intensity in x and y directions, Ñ is 
radiation intensity, k is thermal conductivity, and Ï  is the turbulent Prandtl 
number,  
 
3.8 NÔÕmodelling: 
The following thermal mechanism has been used for prediction of N O 
production. The CFD package Fluent considers factors such as convection, 
diffusion, production and consumption of NO and other related terms. 
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The thermal NO formation equation is: 
          
e(?ÖÅ)
eÁ + L.(EkÁ) = L.(BLkÁ) + ¡kÁ,                                                        (3.35) 
where kÁ is local NO mass fraction, ¡kÁ  is a source term.      
Thermal N O  formation of nitrogen molecules, according to the Zeldovich 
mechanism at high temperatures, occurs according to the following reactions 
[58], [59]: 
 (3.36) 
   O+N2 → ¦ + ¦«                                                                                                                                                   
   (3.37) 
   O+N2← N+NO 
 
   O2+N→ O+NO                                                                                         (3.38) 
  (3.39) 
   O2+N← O+NO 
  (3.40) 
   OH+N→  + ¦« 
 
   OH+N← H+NO        (3.41) 
Constants of reaction rates are given by the following equations: 
    n = 1.8 × 10¹
1ÙÚÙÛÜ
Ý              (3.42)        
K1 
K-1 
K2 
K-2 
K3 
K-3 
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    'n = 3.8 × 10¶
1ÞÉß
Ý                     (3.43) 
     = 1.8 × 10¹
1ÙÚÙÛÜ
Ý                    (3.44) 
     ' = 1.8 × 10¹
1ÉÜÚÉÜ
Ý                 (3.45) 
    · = 7.1 × 10¶
1ÞßÜ
Ý                      (3.46) 
    '· = 1.7 × 10¹
1ÉÞßáÜ
Ý                  (3.47)                                                                     
where T is temperature in Kelvin. 
According to the mechanism, the generation rate of nitrogen is described by the 
following equation: 
   
kâÅ
Á = n«]¦] + «]¦] + ·«]¦] − 'n¦«]¦] − '¦«]¦] −
                  '·¦«]] .                                                                                                    (3.48) 
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Chapter 4   Combustion Models  
In this chapter model classes, reaction mechanisms, software for modelling and 
the findings from some simulations are presented. 
4.1 Reaction Mechanisms 
Combustion is mainly a chemical process. Modelling of the flame propagation 
requires the knowledge of the speeds of reactions, product concentrations, 
temperature and other parameters. Therefore, fundamental information about 
reaction kinetics is essential for any combustion model. A fuel-mixture will 
generally combust if the reaction is fast enough to prevail until all of the mixture 
is burned into products. If the reaction is too slow the flame will extinguish. If too 
fast, explosion of even detonation will occur. 
The reaction rate of a typical combustion reaction is influenced mainly by the 
concentration of the reactants, temperature, and pressure. 
A stoichiometric equation for an arbitrary reaction can be written as: 
∑  ¬¯ = ∑ "$mn$mn ¬¯ ,         (4.1) 
where  - "  denote the stoichiometric coefficients, and Mj stands for an 
arbitrary species.  
The reaction rate, expressing the rate of disappearance of reactant i, is defined 
as:         ]C = Ç ∏ ()© ,$mn                (4.2) 
In which k is the constant for a specific reaction rate.  
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Arrhenius found that the constant is a function of temperature only and is 
defined as:  
                                          Ç =  +. exp °'(±     (4.3) 
where A is pre-exponential factor, E is the activation energy, and æ  is a 
temperature exponent. 
The constants vary from one reaction to another and can be found in the 
literature for particular reactions. 
Reaction rates can be deduced from experiments (for every resolved reaction), 
they can also be constructed numerically by an automatic generation method 
[see Griffiths (1994)] for a review of reaction mechanisms. 
For simple hydrocarbons, tens or hundreds of reactions are involved. By using 
reaction mechanisms, global reactions (from one to five step reactions) can be 
found (see [Westbrook (1984)]). 
4.2 Model classes 
With the use of combustion-turbulence modelling, it has been anticipated that 
the topology of the flame or its destruction in the turbulent field will provide 
insight into the type of effect the turbulence has on the combustion zone. 
Combustion models are sometimes identified within two classes [53]: 
1- The topological class  
2- The reactor class 
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 4.2.1 Flamelet model 
This model is probably the best known topology-based combustion model. The 
diffusion flame solution illustrates this through a typical relationship: 
  = % É(çÉ                (4.4) 
This explains that the reaction rate is determined by contributions coming from 
different hierarchies. The turbulent mixing (%) and the reaction occurring in the 
structure of the flame (
É(
çÉ) show the profile of T versus Z which is completely 
linked to the chemistry and its strength [53]. 
 
4.2.2 Reactor model 
In this model the following assumptions are made. 
1. Infinitely fast chemistry 
2. All combustion models can be divided into two main groups according to 
the assumptions of the reaction kinetics.  Premixed combustion and 
premixed flames are not limited only to gas fuels, but also to the pre-
vaporised fuels [53]. 
 
4.2.3 Eddy Break-up model  
The Eddy Break-model is the typical example of “mixed-is-burnt” combustion 
model. It is based on the work of Magnusson, Hjertager, and Spalding and can 
be found in many commercial CFD packages. The model assumes that the 
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reactions are completed at the moment of mixing, so that the reaction rate is 
completely controlled by turbulent mixing. Combustion is then described by a 
single step global chemical reaction [53]: 
 è + G£« → (1 + G£),                                                                    (4.5) 
In which F stands for fuel. O for oxidiser and P for products of reaction. 
Alternatively, we can have a multistep scheme, where each reaction has its own 
mean reaction rate. The mean reaction rate is given by: 

éééé =  ê ÎÈ _- Q
̅ ,
I̅
ì , ê
IJéééé
níì,                                                              (4.6) 
where C denotes the mean concentrations of fuel, oxidiser, and products 
respectively.  The values of the constants A and B are fitted according to 
experimental results and they are suitable for most cases of general interest. 
CFD codes usually have some remedies to overcome this problem. This model 
largely over-predicts temperatures and concentrations of species like CO and 
other species [53]. However, the Eddy Break-up model enjoys a popularity for 
its simplicity, steady convergence, and implementation. 
 
4.2.4 Bray – Moss – Libby model 
Non-premixed combustion is a special class of combustion where fuel and 
oxidizer enter separately into the combustion chamber. The diffusion and mixing 
of the two streams must bring the reactants together for the reaction to occur.  
Mixing becomes the key characteristic for diffusion flames. Diffusion burners are 
easier and safer to operate than premixed burners. However their efficiency is 
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reduced compared to premixed burners. One of the major theoretical tools in 
non-premixed combustion is the passive scalar mixture-fraction Z which is the 
backbone of most of the numerical methods in non- premixed combustion [53].  
 
4.2.5 Conserved scalar equilibrium models 
The reactive problem is split into two parts. First , the problem of mixing , which 
consists of the location of the flame surface which is a non-reactive problem 
concerning the propagation of a passive scalar and second , by the flame 
structure problem, which deals with the distribution of the reactive species 
inside the flamelet [53].  
To obtain the distribution inside the flame front we assume it is locally one-
dimensional and depends only on time and the scalar coordinate. 
We first make use of the following chain rules: 
         î	È/ît= eïeh
e"ð
eç  ,                             (4.7) 
and      
        
e"ð
eÁª =
eï
eÁª  
e"ð
eï     .                                                                        (4.8)                               
And use the transformation 

h =
e
eh +
eç
eh
e
eç. 
 
Upon substitution in the species transport equation (see governing equations for 
reacting flows, equations 3.28 to 3.34), we obtain 
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 e"ðe( + 	È ñ
e?
eh +
e?fª
eÁª ò +
e"ð
eç ñ
eç
eh + 
eç
eÁª −
e
eÁª (B
eç
eÁª)ò =
B  eçeÁª  
eç
eÁª
eÉ"ð
eçÉ + È  .                                                                (4.9) 
The second and third terms in the LHS cancel out due to continuity and mixture 
fraction transport. Due to this the equation becomes  
              e"ðe( =
Á

eÉ"ð
eïÉ + ,                               (4.10)                                                                    
where x = 2D( aóaô)
  is called the scalar dissipation which controls the mixing, 
providing the interaction between the flow and the chemistry. If the flame 
dependence on time is dropped, the field Z still depends on it.  
             È = − Á  
eÉ"ð
eïÉ            (4.11)     
If the reaction is assumed to be infinitely fast, the resultant flame distribution is 
in equilibrium and È = 0.   When the flame is in equilibrium, the flame 
configuration 	È(õ)  is independent of strain.  
 
4.2.6 Linear Eddy Model  
The linear Eddy Model (LEM) was first developed by Kerstein (1988). It is a 
one-dimensional model for representing the flame structure in turbulent flows. In 
every computational cell a molecular, diffusion and chemical model is defined 
as: [53] 
 
e
eh(	È)=
e
eö(BÈ
e"ð
eö )+È ,                                                                                 (4.12) 
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where 9  is a spatial coordinate. 
 
4.2.7 Intrinsic low Dimensional Manifolds (ILDM) 
Detailed mechanisms describing ignition, flame propagation and pollutant 
formation typically involve several hundred species and elementary reactions, 
prohibiting their use in practical three-dimensional engine simulation. 
Conventionally reduced mechanisms often fail to predict minor radicals and 
pollutant precursors [65]. 
The ILDM method (Maas: 1992, Maas: 1993) is a method for in-situ reduction of 
a detailed chemical mechanism based on a local time scale analysis. This 
method is based on the fact that different trajectories in state space start from a 
high-dimensional point and quickly relax to lower-dimensional states due to the 
fast reaction.  
The computation of ILDM points can be expensive, and hence an in-situ 
tabulation procedure is used, which enables the calculation of only those points 
that are needed during the CFD calculation [65]. 
 
4.2.8 PDF transport models 
Probability Density Function (PDF) methods are not exclusive to combustion, 
although they are particularly attractive for them. They provide more information 
than moment closures and they are used to compute in homogenous turbulent 
flows [53]. 
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PDF methods are based on the transport equation and the joint-PDF of the 
scalars. The combustion models are often classified on their capability to deal 
with different combustion regimes [53] as shown in table 4.1. 
 
Table 4.1 shows different combustion regimes. 
 Premixed   Non-Premixed 
 
Infinitely fast 
chemistry 
 
 
 
 
Bray-Moss-Libby 
Coherent flame 
Eddy Break-Up 
 
 
 
Conserved scalar 
Equilibrium 
 
 
 
 
Finite rate 
chemistry 
 
 
 
 
PDF Transport Models 
 
Flamelet based on 
equation 
 
 
 
Flamelet based on mixture 
fraction conditional moment 
closure 
Linear Eddy Model 
 
Three combustion regimes (modes) are generally used as follows: 
• Premixed regime  
• Non-premixed regime 
• Partially-Premixed regime (over the last two decades) 
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4.3 Different approaches in modelling 
For modelling of internal combustion engines, the following approaches have 
been applied [60]: 
1) Thermodynamic (Zero-dimensional) 
The general characteristics of a zero-dimensional model are: 
• Empirical heat release function 
• No pollutant formation  
• Ordinary differential equation(time)  
 
    2) Phenomenological (Quasi-dimensional) 
The characteristics of a quasi-dimensional model are: 
• Physical + chemical sub-models 
• No turbulent flow field  
• Ordinary differential equation(time) 
 
3) CFD (Computational Fluid Dynamic) (Multi-dimensional) 
The general characteristics of a Multi-dimensional model are: 
• Conservation of mass, energy and momentum 
• Detailed physical + chemical sub models 
• Partial differential equations (time and space)  
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Fig. 4.1 shows computing time versus model complexity [60]. 
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4.4 Software for modelling 
There are different softwares for the modelling of the process in internal 
combustion engines, each with different capabilities as follows:  
The software KIVA [19], STAR-CD, FIRE [24] and Fluent [53] are suitable for 
modelling of internal combustions engines. Two codes of KIVA in the USA and 
STAR–CD code in the UK apply CFD techniques. Then STAR-CD code 
became a commercial software comparable to FIRE and FLUENT. In most 
research, KIVA is used to model the process [19] and FIRE software is applied 
to study the optimization of combustion chamber shape.  
Modelling of combustion with commercial software such as STAR-CD, FIRE 
and FLUENT is much easier considering the existence of a graphic user 
interface. Among these, FIRE and STAR-CD appear to have been used in more 
applications.  
 
4.5 Some simulation projects and their findings 
The determination of characteristics of combustion and exhaust gas emissions 
from dual-fuel diesel engines with natural gas, by the means of experimental 
work and numerical simulation has been performed by Kusaka et al. [19], where 
numerical computation was performed by using KIVA–3 to analyse the 
formation of NOX and THC. NOX formation within the cylinder of a dual fuel 
engine is higher than that of a diesel engine due to a higher temperature at the 
initial stage of the combustion process.  
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A numerical study to simulate and analyse the combustion process occurring in 
a compressed natural gas direct injection (CNG-DI) engine by using a multi-
dimensional computational fluid dynamics (CFD) code was presented by Wendy 
Hardyono Kurnaiwan and Shahrir Abdullah [103] (2008 - in a Malaysian-paper 
published in Journal of Mechanical Science and Technology) . The combustion 
process was characterized with the eddy-break-up model of Magnussen 
(section 4.2.3) for non-premixed or diffusion reaction. The results of CFD 
simulation were then compared with data obtained from a single-cylinder engine 
experiment and showed a close agreement. 
The study of three-dimensional laboratory-scale combustion problems has been 
done by using the direct numerical simulation (DNS) approach [66], [67].  
Three–dimensional simulation [Direct Numerical Simulation (DNS)] has also 
been applied to study turbulent premixed flames [68], [69].   
Direct Numerical Simulation (DNS) of turbulent counter flow in non-premixed 
flames was studied by Hong G. Im, et al. [104] The study aims at bringing the 
state-of-the-art “high fidelity simulation capability” to the “next level” by 
incorporating various advanced physical models for soot formation, radiation 
heat transfer, and Lagrangian spray dynamics, to an “unprecedented degree of 
detail” in high-fidelity simulation application [68]. 
In Numerical Modelling of Diesel Spray Formation and Combustion by C. 
Bekdemir, et al. [105], an efficient ID Euler-Euler spray model is implemented 
and applied in 3D CFD simulations. Concerning combustion, a detailed 
chemistry tabulation approach, called FGM (Flamelet Generated Manifold), is 
adopted. The ID spray model with 3D CFD gives a good overall performance in 
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terms of spray length and shape prediction, and also numerically it has 
advantages over the Euler-Lagrange type models. Together with the FGM, 
auto-ignition and a flame lift-off length is also achieved. 
Large Eddy simulation is applied to the auto-ignition of a gas like a hydrogen jet 
issuing into a turbulent co-flowing air stream. In this respect hydrogen auto-
ignition in a turbulent air co-flow has been studied by W.P. Jones [106], Imperial 
College London. The combustion phase was described by double-Wiebe 
function. The single-zone model coupled with one double-Wiebe function was 
performed to simulate pressure and temperature between the period of IVC 
(Inlet valve close) and EVO (Exhaust valve open). In this simulation, the Paper 
Single Zone Model for HCCI Engines has been applied by Thanapiyawanit  
Bancha [107]. 
 Dual injection homogeneous charge compression ignition engine   simulation 
using a stochastic reactor has been modelled by S. Mosbach [108], University 
of Cambridge. This research extends a zero-dimensional probability-density 
function based stochastic reactor model (SRM) to HCCI engines. 
 
4.6 The general formula for combustion of hydrocarbons 
A general formula for combustion of hydrocarbons is shown as follows [61]: 
Q∝.«¦÷ +  ,ld (« + 3.76¦) →  -nQ« + -« +  -·¦ +  -« +
 -øQ« +  -ù +  -¶ + -¹« +  -ú« +  -nS¦«,                              (4.13)                                             
By using atomic balance, the following four equations are obtained:                                          
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Q: ∝= (n + ø)¦                                                                                  (4.14) 
:  æ = (2 + 2ù + ¶ + ú)¦                                                             (4.15) 
«:  G + ,ld = 2n +  + 2» + ø + ¹ + ú + nS)¦                              (4.16) 
¦:  + ·.¶ù ,ld = (2· + nS)¦                                                                  (4.17) 
Where ¦ = total moles and n = $0k  → -n = n¦ 
∑ CnSCmn − 1 = 0                                                                                       (4.18) 
 
Considering six equilibrium reaction including   H, O, H2O, CO2, OH and NO, 
we have:                       
n
  ↔                                   n =
ÛÂ
0
É
á
0
É
                                                (4.19) 
n
 « ↔ «                                  =
ÚÂ
0
É
Þ
0
É
                                                 (4.20) 
n
 « +
n
   ↔ «               · =
þ
Þ
0
Éá
0
É
                                                   (4.21) 
      
n
 « +
n
   ↔ «              » =
0Ü
Þ
0
ÉÙ
0
É
                                                   (4.22) 
     
n
 « +
n
   ↔ «             ø =
É
Þ
0
Éá
0
É
                                             (4.23) 
    
n
 « +
n
   ↔ «                   ù =
É
ßÞ
0
ÉÂ
0
É
                                              (4.24) 
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In the above equations the unit of pressure is Bar. The equilibrium constants 
are C(+) and the suggested relationship is 
 lognS C (+) =  C ln (nSSS + ê@( + QC + BC+ + C+ 
 The unit of T is Kelvin. 
Molar fraction C and N are obtained. The equation set with n,, ·,…, nS are 
non-linear and can be solved using the Newton-Raphson iteration method. 
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Chapter 5   Simulation Environment 
In this chapter Chemkin software and thermodynamic equations are discussed.      
 
5.1 Introduction to Chemkin code 
Chemkin is a software package to solve problems including chemical kinetics of 
the gaseous phase. In other words, it is a powerful and flexible tool for 
complicated chemical kinetics in the simulation of fluid dynamics. Chemkin 
facilitates the formation, solution, and interpretation of problems involving 
elementary gas-phase chemical kinetics. 
Chemkin-III expanded the applicability of Chemkin through inclusion of global 
reaction kinetics. The new options allowed user specification of reaction orders 
for each species and acceptance of non-integer stoichiometric coefficients. This 
capability is useful for describing thermal systems where information about 
detailed kinetics is not well known [70]. Figure 5.1.a and 5.1.b  shows the 
components of the Chemkin Suite, figure 5.2 illustrates the surface Chemkin 
inputs and figure 5.3 shows the structure of steady, laminar, 1D, pre-mixed 
flames. 
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Fig. 5.1a shows the components of Chemkin Suite [70] 
 
Fig. 5.1b shows the components of Chemkin Suite [70] 
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Fig. 5.2 shows the surface Chemkin inputs [70] 
Many practical combustors, such as internal combustion engines, rely on 
premixed flame propagation. Moreover, laminar premixed flames with a 
stabilized burner are used to study chemical kinetics in a combustion chamber. 
The Chemkin premixed flame code is designed to handle a variety of problems. 
The calculations involve solving systems of non-linear mass balance, energy 
balance and transport relations. 
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Fig. 5.3 shows the structure of steady, laminar, 1D, pre-mixed flames [70] 
 
The Multi-Zone Engine model that is available in Chemkin-Pro addresses 
several of the deficiencies of a single-zone model, while still allowing inclusion 
of fully detailed chemical kinetics over reasonable CPU time, and providing 
accurate ignition and emission predictions [71]. Figure 5.4 shows the input 
panel for the multi-zone engine model and figure 5.5 defines zones for the multi-
zone engine model. 
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Fig. 5.4 shows the input panel for multi-zone engine model [73] 
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Fig. 5.5 Zone definitions for multi-zone engine model [73] 
 
The Chemkin Gas-phase Utility pachage consists of two major software 
components: An interpreter and a Gas-Phase Subroutine Library. The 
subroutine library is a collection of more than 100 modular FORTRAN 
subroutines that may be called to return information on equations of state, 
thermodynamic properties, and chemical production rates.  
Figure 5.6   illustrates a typical structure of a Chemkin subroutine. 
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 Fig. 5.6 Typical structure of Chemkin subroutine [73]  
 
Chemkin based simulations are used widely in the development and 
optimization of combustion and other chemical processing systems. 
There are two different approaches to defining the heat loss through a cylinder 
wall. One approach assumes the cylinder is adiabatic and the other considers 
heat loss through the cylinder wall. Figure 5.7 shows reactor physical property 
for the Woschni heat loss model. 
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Fig. 5.7 Reactor Physical Property for Woschni heat loss model [73] 
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Parameters that describe heat transfer between the gas mixture inside the 
cylinder and the cylinder wall are specified on the Reactor Physical Properties 
panel. The Woschni correction is applied to get better estimates for the velocity 
of gas inside the cylinder. Figure 5.8 shows the variation of temperature versus 
crank angle from a multi-zone engine simulation. 
 
 
Fig. 5.8 Variation of temperature versus crank angle from multi-zone 
engine simulation [71] 
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 5.2 Thermodynamic equations 
In this section u and b are introduced as subscripts for unburned and burned 
regions, respectively and the equations are simplified as follows: 
  ,               (5.1) 
where ∀ is volume. 
To neglect the blow-by: 
                 (5.2) 
To use the ideal gas relation for burned and unburned regions: 
        (5.3) 
Differentiating the above equation: 
        (5.4) 
Using the ideal gas relation for burned and unburned regions: 
        (5.5) 
Differentiating the above equation: 
   (5.6) 
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To neglect the changes of gas constant in the burned and unburned regions: 
     (5.7) 
Thermodynamic first law neglecting blow-by: 
        (5.8) 
Total internal energy: 
    (5.9) 
Simplifying the above equation using the assumption of ideal gas: 
    (5.10) 
The Thermodynamic first law considering the above equation: 
   (5.11) 
This relation for the unburned region: 
     (5.12) 
Differentiating the above equation and using the ideal gas relation: 
    (5.13) 
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Using the Wiebe function which is a functional form to represent the burned 
mass fraction versus crank angle [60]: 
,     (5.14) 
where n and a are constants. To use this function we have: 
       (5.15) 
From the above equations, the parameters +  , +  , R, 
∀
   and 
∀
    are 
calculated by writing the equations as the matrix form: 
, (5.16) 
hence:         
        (5.17) 
It is a system with five equations and can be solved by using the Runge-Kutta 
algorithm. 
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Chapter 6 Sensitivity analysis  
In this chapter the effects of some parameters such as compression ratio, fuel 
equivalence ratio and spark timing on the engine performance are investigated. 
The phenomena of damage and noise due to knock is also described in this 
chapter. 
 6.1 Abnormal and undesirable combustions 
These combustions can be divided into two following kinds [60]: 
1- Knock 
2- Surface ignition 
These phenomena are significant due to the following effects: 
1- Damage on the engine parts, as this can be very serious. 
2- Creation of noise  
6.2 Explanation of phenomena of damage and noise due to knock 
 6.2.1 Knock 
Knock is defined as the noises come from the spontaneous ignition of end 
gases in an engine. For knock to occur, a large amount of chemical energy in 
the end gases is released rapidly and causes high pressure in a part of 
combustion chamber and there is an expansion causing a pressure wave in the 
chamber in this instant [60]. 
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6.2.2 Surface ignition 
Surface ignition is defined as the ignition of fuel-air mixture around a hot point of 
the combustion chamber, such as very hot valves or a spark plug. If this 
happens before the intended ignition by spark plug, it will cause a pre-ignition. If 
it occurs after the spark plug ignition, it is called post ignition. Hence, the 
surface ignition causes an increase in the pressure; it is natural for this to affect 
the possible knock. As a result, knock increases from surface ignition. It is 
widely believed that it cannot be controlled by varying the ignition timing (spark 
advance). The other kind of surface ignition doesn’t cause the knock; it appears 
at the end of stage. The other phenomena from this undesirable and abnormal 
combustion, caused by surface ignition, are as follows [60]: 
6.2.3 Wild ping 
In wild ping knocking, surface ignition is characterized by one or more 
disordered sharp cracks. It is probably the result of early surface ignition from 
remaining particulate matters. These particles have previously separated from 
the combustion chamber surface and are then suspended in the chamber and it 
is believed that they cause this phenomenon [60]. 
6.2.4 Rumble 
Rumble is a low-pitched thudding noise accompanied by engine roughness. It is 
probably caused by the high rates of pressure rise associated with very early 
ignition or multiple surface ignitions. This phenomenon produces the relative 
constant noise with low frequencies of between 600 and 1200 Hz [60].  
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6.2.5 Run-on 
Run-on is continuation of engine firing after electrical ignition is shut-off. The 
cause of this is thought to be compression ignition of fuel-air mixture before 
surface ignition [60].  
6.2.6 Runaway 
 Runaway surface ignition which occurs earlier and earlier in the cycle, it can 
result in serious overheating and damage to the structure of an engine. It 
commonly takes place in the engine cycle [60]. 
 
6.3 Knock models 
Two models for the self-explosion process are recommended [60]: 
1- An experimentally derived relationship that depends on time. 
2- An explanation based on chemical mechanisms: This method includes 
the characteristics of hydrocarbon oxidation. 
To use the relationship of group one, self-ignition happens when: 
             Ó K
h@
S  =1,       (6.1) 
where i is the time of the initiating of combustion and C is the time of happening 
the self-ignition. i is given by the formula below: 
              i = 17.68 ( âknSS)·.»S &'n.¶%& (
·¹SS
(   ), 
where ON is octane number.          (6.2) 
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Specifying the pressure and temperature profiles, the above two relationships 
provide a criterion for the occurrence of knock. Because of knock, the thermal 
boundary layers on the surface of cylinders change and cause damage to 
cylinder heads and liners. 
Figure 6.1 shows the time of the initiating of combustion versus octane number 
and figure 6.2 illustrates burnt mass during occurrence of knock for different 
octane numbers.  
                                                 
 
Fig. 6.1: Interval integral versus octane number 
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Fig. 6.2: Mass fraction for burned gas during occurrence of 
knock for different octane number 
 
6.4 General explanation of introduced model 
This model is used to simulate the combustion process in IC engines and 
doesn’t need experimentally derived functions to calculate the heat energy rate. 
It uses the fuel energy and the flame propagation rate to determine the heat 
energy release. Thus, for this calculation, it needs a suitable relationship to 
calculate flame velocity. On the other hand, the effects of the properties of the 
combustion chamber on the combustion such as the location of the spark plug, 
the clearance volume and the other dimensions such as bore, stroke and 
displaced volume are included in this model. 
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This model provides this possibility for the user to introduce bore, stroke, 
connecting-rod length, the location of spark plug, revolution rate of the engine, 
the temperature of cylinder walls and the properties of fuel such as composition 
and octane number, then the program will run to find the effects of different 
parameters on the performance and emissions of the engine. 
One of the most precise methods in the investigation of combustion of each fuel 
is the detailed chemical kinetic method. In this method, through solving a 
system of differential equations, it can specify the concentration of chemical 
species, calculate the heat release of the energy source and show the increase 
of the mixture temperature and (after a certain time) it predicts the ignition of the 
mixture. Therefore, using these equations is an effective way to predict the self-
ignition time. The kinetic equations are based on a combustion mechanism with 
a preliminary reaction series. By increasing the number of these equations and 
species, the model will be more precise. The coefficients in these equations are 
specified through the experimental test. Hence, in recent years, increase in the 
capabilities of laboratories and development of high-speed computers provides 
this possibility to solve the complicated system of equations and use the 
detailed chemical rate methods. 
6.5 The assumptions for the Knock model 
- The heat transfer between the burned and unburned regions is neglected.  
- The flame is assumed to be spherical. 
- The density of unburned gases is about four times that of the burned gases. 
- The gases in the combustion chamber are assumed to be ideal gases. 
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- The compression and expansion processes are isentropic. 
- The volumetric efficiency of a gasoline engine is 15 percent lower than a gas 
engine. 
-  The combustion chamber is assumed to be a cylinder. 
- Blow-by is neglected.  
- Natural gas is considered to be Methane 
- The species in combustion products are O2, H, H2, H2O, HO, CO2, CO, NO, 
N2, and O  
- The ignition delay period is defined as the period needed to achieve a flame 
radius covering one-thousandth of the mass inside the combustion chamber. 
 
6.6 Using the model for propagation of flame 
In this section, the spherical propagation form of the flame model is used, and 
by mesh generation of the combustion chamber, the ratio of burned volume to 
total volume and flamelet area are calculated. The laminar flame velocity is 
given by the Metghalchi relation [63] and to convert this laminar velocity to 
turbulence velocity, the following relation is used: 
              St = Sl × (1+ n× RPM),                       (6.3) 
where n is between 0.0018 and 0.002. 
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The relations for the flame propagation model are similar to the previous 
section, but the following relation, which is related to burning rate, should be 
added to them. 
             (6.4) 
Where Af is the flamelet area. The flame propagation shape is assumed to be 
spherical and Af is calculated by finding the flame radius. 
In addition to the previous parameters, the flame radius and velocity are 
calculated. The system of equations should be solved as follows to find the 
parameters such as    ,
¾
 ,
(
  ,
(
  ,
R
 ,
∀
  and 
∀
  .  
This gives a system of equations of the form: 
   (6.5) 
and so                             
.             (6.6) 
It is an equations system and can be solved by using the Runge-Kutta 
algorithm. 
 
 
6.7 Fuel equivalence ratio 
With a faster burning process, the expansion ends earlier. Therefore, some 
problems in combustion cycles in normal conditions, such as lean burn and 
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misfiring in fast burning can be solved. With rapid combustion the optimized 
ignition timing can be close to the TDC point. So the temperature and pressure 
of the mixture at ignition time will be higher and as a result the flame velocity in 
the initial stage of combustion will increase. This fact along with the higher 
turbulence (which is the main characteristic of fast combustion) causes the 
development of a flame core. In figure 6.3, as expected, CO2 is seen to have a 
tendency to reach a certain level. In relation to the observed differences, the 
production of emissions increases due to the concentration of mixture up to the 
stoichiometry condition. Then, with more concentration of fuel due to the fast 
propagation of flame and its collision with the wall, a large amount of carbon 
from the fuel remains on the wall as carbon residue or smoke. A decrease of 
CO2 is caused by this. 
In figure 6.4, the amount of produced H2O rises because of an increase in the 
concentration of products, considering the propagation of steady flame in the 
stoichiometry condition. 
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Fig. 6.3: Effect of variation of fuel equivalence ratio 
2On production of CO 
  
Fig. 6.4: Effect of variation of fuel equivalence ratio 
O2On production of H 
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Considering figure 6.5, the slope of the curve is due to the reduction of the 
amount of fuel with the progress of the combustion process. In the curves, 
different slopes are observed. In the first part of the curve, the lower slope is 
due to the collision of flame with the walls, and swirl, more turbulence and faster 
burning occur. In figures 6.6 and 6.7, significant differences are not seen 
between the three curves in both burned and unburned regions.  
 
 
Fig. 6.5: Effect of variation of fuel equivalence ratio 
On density of burned region 
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Fig. 6.6: Effect of variation of fuel equivalence ratio 
on the amount of mass of burnt gas 
  
Fig. 6.7: Effect of variation of fuel equivalence ratio 
On the volume of burnt region  
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Figures 6.8, 6.9 and 6.10 show the differences between three curves. In figure 
6.11, the temperature of the burned region shows the uniformity effects of fuel 
due to increasing the temperature of the combustion in the burned region. With 
more concentration of fuel, the access to the fuel increases and causes more 
flame area, higher flame radius and also higher flame velocity. 
 
  
Fig. 6.8: Effect of variation of fuel equivalence ratio on the flame front 
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Fig. 6.9: Effect of variation of fuel equivalence ratio on the radius of flame 
  
Fig. 6.10: Effect of variation of fuel equivalence ratio on the flame velocity 
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Fig. 6.11: Effect of variation of fuel equivalence ratio 
on temperature of burnt region 
 
Figure 6.12 shows the effect of variation of fuel equivalence ratio on the 
temperature of combustion. The flame velocity increases with more access to 
the fuel and causes the higher combustion temperature.  
Figure 6.13 illustrates the effect of variation of fuel equivalence ratio and the 
mean heat loss from the burnt region. The curves show more heat loss due to 
the increase of the temperature of combustion and also the uniformity of fuel. At 
stoichiometry conditions, the higher pressure and temperature cause more heat 
loss. 
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Fig. 6.12: Effect of variation of fuel equivalence ratio 
on temperature of combustion 
  
Fig. 6.13: Effect of variation of fuel equivalence ratio on the mean heat 
loss of burnt region 
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The production of OH radicals has a direct relation with the speed of 
combustion. Higher combustion speed gives an earlier expansion of flame and 
it shows that the fuel burns earlier and the probability of forming of OH radical 
will be less. With an equivalence ratio of one and complete combustion 
increasing the concentration of fuel and giving easier burning, the production of 
OH radicals decrease as is seen in figure 6.15. 
 
  
Fig. 6.14: Effect of variation of fuel equivalence ratio 
on the pressure of combustion 
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Fig. 6.15: Effect of variation of fuel equivalence ratio 
on production of radical OH 
 
6.8 Compression ratio 
In this part of the report, the compression ratio and its effects on the 
performance parameters of the engine will be investigated.  
As seen in figures 6.16 and 6.17, with an increase in the compression ratio, the 
surface of the flame core and flame velocity will be decreased due to more 
concentration of fuel and decrease in the propagation of flame. They affect the 
flame area and flame velocity. 
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Fig. 6.16: Effect of variation of compression ratio on the flame front 
  
Fig. 6.17: Effect of variation of compression ratio on flame velocity 
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Figures 6.18 and 6.19 show the effect of variation of compression ratio on heat 
loss and the density of the burnt region. The effect of compression ratio on heat 
loss seems to be slight. In figure 6.19, the collision of flame with the walls 
causes the lower slope, and at higher compression ratio, it gives a higher 
concentration of fuel and affects the slope of the curves in this region. 
  
Fig. 6.18: Effect of variation of compression ratio on mean heat loss 
Figure 6.20 shows the effect of variation of compression ratio on the pressure 
curve. With higher compression ratio, the pressure increases only slightly. 
As observed in figure 6.21, with a raise of the compression ratio, the amount of 
produced OH radicals will be decreased. Thus, due to increasing the amount of 
fuel per unit volume, the rate of combustion will be smoother and the probability 
of forming the OH radicals will be decreased. 
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Fig. 6.19: Effect of variation of compression ratio on density of burnt 
region 
  
Fig. 6.20: Effect of variation of compression ratio on the pressure curve 
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Fig. 6.21: Effect of variation of compression ratio on production of OH 
radicals   
6.9 The position of the spark plug 
The location of the spark plug is one of the important parameters for 
combustion in physical analysis. Its location and its effects on how the flame is 
formed should be investigated. Spark offset of DIV2 is 1.2 mm and spark offset 
of DIV3 is 0.6 mm away from centre. 
Considering figure 6.22, the combustion propagates with a higher velocity due 
to the symmetrical flame, and it causes the formation of more CO2. 
Figure 6.23, shows that the maximum surface of flame core occurs when the 
spark plug is in the centre and top of the combustion chamber. Of course, the 
main reason is more space for expanding the flame. As the flame hits the crown 
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of the piston, a drop is seen in the graph.  At this point the contact of the flame 
surface with the piston lowers the surface area of the flame core. 
  
        Effect of variation of ignition place on production of CO 22:6.Fig.  
Figure 6.24, shows the effect of variation of ignition position on the flame radius. 
The greatest flame radius is seen to be at a spark offset of 1.2 mm away (DIV2) 
from centre. 
As shown in figure 6.25, if the location of the spark plug is changed from the 
centre towards the wall, the flame velocity will decrease. In changing the place 
of the spark plug (figure 6.26), no changes occur in the maximum burned gas 
mass, but it affects the slope of the curve which shows a slower rate of burning. 
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Fig. 6.23: Effect of variation of ignition place on flame front 
  
Fig. 6.24: Effect of variation of ignition place on flame radius 
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Fig. 6.25: Effect of variation of ignition position on flame velocity 
  
Fig. 6.26: Effect of variation of ignition position on burnt mass 
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Figures 6.27 and 6.28 show the effects of the variation of spark position on the 
pressure profile and temperature of the burned gas region. With the location of 
the spark in the centre, the pressure and temperature increase because of the 
higher flame velocity.  
Figure 6.30 shows the amount of OH radicals that is produced versus the 
position of the spark plug. The amount of OH radicals depends on the access 
rate of flame to the fuel. More access to the fuel causes a lower production of 
OH radicals. Thus, with an increase in the concentration of fuel, the combustion 
rate will be smoother and will cause less OH radicals. 
 
Fig. 6.27: Effect of variation of ignition position on pressure curve 
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Fig. 6.28: Effect of variation of ignition position on temperature of burnt 
region 
  
Fig. 6.29: Effect of variation of ignition position on volume of burnt region  
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Fig. 6.30: Effect of variation of ignition position on production of OH 
radicals  
6.10 Spark timing 
Advanced spark timing needs a higher octane number. Experience shows that 
an advance of four degrees needs a six units higher octane number. The 
Maximum Brake Torque (MBT) will be achieved easily by increasing the timing 
advance in fuels with less sensitivity to knock. 
Figure 6.31 shows the effects of variation of ignition timing on the flame velocity. 
With advanced spark timing, the flame has more space to form and it affects the 
flame velocity. 
Figure 6.32 illustrates the effect of the variation of ignition timing on the 
pressure curve. The higher maximum pressure depends on the spark advance. 
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The reason is the increase of heat release and the simultaneous increase of 
pressure in the compression stroke due to the spark advance. 
Figure 6.34 shows that the flame velocity increases with spark advance, and 
with a higher flame velocity, OH radicals are reduced. 
  
Fig. 6.31: Effect of variation of ignition time on flame velocity 
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Fig. 6.32: Effect of variation of ignition time on pressure curve 
  
Fig. 6.33: Effect of variation of ignition time on production of OH radicals  
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Comparing the parameters that affect the production of OH radicals, it is found 
that two points are effective in producing a lower level of OH radicals’ levels, the 
first is the rate of combustion and the second is improved access of flame to the 
fuel.  
6.11 The validation of the detailed chemical kinetic mechanism 
For validation of this mechanism, it is necessary to investigate the following:  
1- Independence of fuel combustion on the time-step in a detailed chemical 
kinetic mechanism simulation. 
2- The dependence of methane combustion over a certain range of initial 
temperatures. 
3- The correlation of laminar flame velocity obtained from the chemical 
kinetic mechanism, with experimental data presented by Franklach and 
Wang. 
Figures 6.34 and 6.35 show the independence of combustion on the time-step. 
In these figures, three different time-steps are used to show the independency 
of burned temperature and molar concentration on the time-step. It is shown 
that a time-step of 5'», or less, is suitable for these simulations.  
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Fig. 6.34: Burned temperature of Methane versus time 
 
  
Fig. 6.35: Methane molar concentration versus time  
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The other issue about the mechanism applied in modelling comes back to the 
burning of methane which needs an initial temperature in a certain range. At a 
lower temperature than this range, methane doesn’t burn. 
Figure 6.36 shows the methane molar concentration and figure 6.37 shows its 
burning temperature versus time for different initial temperatures. As seen, 
burning of methane needs a certain temperature to initiate the combustion. 
Validation of the mechanism needs the correlation of the obtained laminar flame 
velocity between experimental and simulated models. In figure 6.38, this 
correlation for two models is clearly shown. There is a maximum difference of 
5%. 
The concentration of species that are produced from this chemical kinetic 
mechanism, such as OH radicals which affects the occurrence of knock 
phenomenon, are investigated. The OH radicals’ level have a significant effect 
on knock. Finding how the OH radicals were created and the amount produced 
helps the prediction of the occurrence of knock. Considering Wang’s 
assumption, that at the end of the compression stroke, at the time that the spark 
happens, the amount of OH will be 1/50th of the amount of fuel in the 
combustion chamber. Therefore, considering the mole fraction of fuel, for each 
mole of fuel, 0.2 moles of OH will be produced. 
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Fig. 6.36: Methane molar concentration versus time and for 
different initial temperatures  
  
Fig. 6.37: Burned temperature of Methane versus time and for 
different initial temperatures 
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Fig. 6.38: Laminar flame velocity in simulated model by chemical kinetic 
mechanism shown as continuous line, laminar flame velocity in 
experimental model achieved by mechanism GRI-Mech-V.3 shown as 
dashed line 
 
From initiation of the spark until the end of combustion, the production rate of 
OH will initially be constant, and then the OH radical concentration gradually 
increases due to the forming of a flame core and propagation of flame. After 
TDC the amount of OH radical will decrease. 
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As shown in figure 6.39, it is clear that the reduction of OH radicals occurs 
because of the ending of the reaction chain. With an increase in the amount of 
OH radicals in the time interval from ignition until the end of the combustion 
process, the probability of the occurrence of knock will be higher. 
 
  
Fig. 6.39: Molar concentration of OH radicals versus crank angle  
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Chapter 7 The HCCI engine 
 
In this chapter the significance of the combustion process in a HCCI engine and 
its advantages and disadvantages in comparison with SI and CI engines are 
investigated.  
7.1 The significance of the combustion process in a HCCI engine 
The ignition in HCCI engines has some similarity and also differences with the 
conventional ignition methods in SI and CI engines. In a SI engine, fuel and air 
mix before ignition. The mixing is done in the inlet system or in the cylinder. A 
HCCI engine doesn’t use a spark plug system, but the mixture of air and fuel is 
compressed and by increasing the temperature of the mixture, the initial energy 
is provided for combustion. At the end of compression, the combustion initiates 
by the auto-ignition phenomenon and it happens simultaneously at several 
points in the cylinder. The lean premixed fuel and the simultaneous ignition at 
several points in the combustion chamber decrease the temperature of the 
ignition region due to lean burning, which prevent the production of NOX and 
decrease other emissions. Figure 7.1 shows the comparison of combustion in a 
HCCI engine with SI and CI engines. 
To bring the temperature to the auto ignition level, it is necessary to have the 
temperature of the mixture in a suitable range before starting the compression. 
This process is done by heating the inlet air or keeping some of the products of 
combustion in the cylinder. By these methods, the evaporation of fuel and 
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preparation of a homogenous mixture are rapidly achieved. Figure 7.2 illustrates 
the working cycle of a HCCI engine. 
 
Fig. 7.1: Comparison of combustion in a HCCI engine with SI and CI 
engines [35]. 
 
Fig. 7.2: Working cycle of HCCI engine [35] 
The temperature for initiating heat release is between about 1050K up to 1100 
K for gasoline fuel and somewhat less for diesel fuels. Before starting this 
stage, many hydrocarbon compositions in gasoline and diesel fuels will have 
low temperature oxidation reactions so that this process will be happening along 
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with release of the heat energy. This part of the energy usually includes ten per 
cent of the total energy released during the complete combustion. The role of 
low temperature released energy helps cause the auto ignition and the heat 
release rate during the combustion process not only depends on the chemical 
kinetics of the fuel but also on the temperature history and the pressure of 
gases in the cylinder. In the ideal HCCI engine, the auto ignition is done 
simultaneously in all points of the cylinder. This causes heat to be released 
suddenly and knock would happen and cause high thermal stresses in the 
engine. Hence, HCCI engines must work as lean burn engines. Figure 7.3 
shows the start of combustion from several points in HCCI engines. 
 
Fig. 7.3: Start of combustion from several points in HCCI engines (from 
ref. [35]) 
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7.2 The advantages and disadvantages of HCCI engines  
Similar to the other combustion methods, the controlled auto ignition 
combustion method has some advantages and they motivate researchers to 
develop this relatively new method of combustion. Also this method has some 
disadvantages which limits application of this new method. In the following, the 
important advantages and disadvantages are summarised: 
7.2.1 The advantages of HCCI engines 
1) Flexibility of HCCI engines to use different fuels [72].  
2) Low emissions in HCCI engines in low and medium loads in comparison 
with diesel and gasoline engines. The soot is very low due to the lean-
burn and homogenous mixture in the cylinder, NOX is also low because 
the maximum temperature is lower in comparison with SI engines. 
3) A higher compression ratio is used because of the lean-burn; as a result 
higher thermal efficiency is achieved in comparison with SI engines. 
4) Elimination of throttling loss in HCCI compared with SI engines, which 
gives higher efficiency. 
5) HCCI engines are suitable for dual-fuel hybrid vehicles.  
The HCCI mechanism works over a limited range of load and speed, so it 
is not necessary to solve the problems of engines at high loads and 
speeds. 
Figure 9.4 shows a HCCI engine with a charging system of premixed fuel and 
direct fuel injection 
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Fig. 7.4: HCCI engine with charging system of premixed fuel and direct 
fuel injection 
 
7.2.2 Disadvantages of HCCI engines 
 1 - One the most important disadvantages of this kind of engine is the lack of 
ability to control the start time of combustion or control the rate of combustion in 
HCCI engines. They have no specific mechanism to control the start of 
combustion. Start time depends on the composition of gases in the combustion 
chamber and the maximum temperature, and somewhat less on the maximum 
pressure in the cylinder. To change the brake power in a HCCI engine, the 
composition of inlet gases must be changed. Therefore, to have auto ignition 
  
 
111 
 
occur at a suitable time, the inlet temperature must be adjusted. The variation of 
speed causes an imbalance of the necessary time for the start of auto-ignition 
and it comes from chemical aspects [72]. 
Temperature history is vitally important and some control and adjustment 
methods are suggested to control engines with the variation of speed and load. 
The most important of these suggestions include the variation of EGR, using a 
variable compression ratio (VCR) system, and variable valve timing (VVT) to 
change the effective compression ratio or the amount of residual gases in the 
cylinder. The time response of VCR and VVT methods is short enough to 
respond quickly to the requirement of the performance of the engine. Although 
these methods have good potential to control the start of ignition in HCCI 
engines their capabilities have not been accepted completely. They clearly need 
more research. Since some part of the fuel is injected directly into the cylinder, 
there is the possibility to control the time of the fuel injection and control the 
duration of injection and to control the rate of ignition for the injected part of fuel. 
2- HCCI engines don’t show suitable performance at high loads and speeds, but 
they have reasonable performance at low and even medium loads and speeds. 
In the high range of speed and load, combustion happens rapidly and causes 
unacceptable noise and probable knock phenomenon, and can damage parts of 
the engine and cause production of a high level of NOx. The idea of a 
compound engine is a suitable way to solve this problem. In a compound 
engine the majority of fuel enters the cylinder from the inlet ports and, 
considering the type or fuel and geometry and working conditions of the engine, 
the maximum amount of fuel can be injected so that the knock phenomenon 
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does not happen. By controlling the injection timing and duration of injection of 
the remaining required fuel, knock can be prevented from happening. There is 
also the possibility to vary the amount of fuel from the inlet valve, or to vary the 
fuel injection timing and decrease the maximum temperature of gases in the 
cylinder and consequently reduce the production of NOX emissions, 
3 -The problem of start-up in HCCI engines is the other significant disadvantage 
of these engines. In the start-up of the engine, there is no possibility for 
preheating the inlet gases and heat from the compression process will be 
dissipated due to the heat loss to the cold liner of the cylinder. Hence, it needs a 
suitable compensation mechanism for the low temperature of gases in the 
cylinder in cold start-up. Otherwise, it would prevent starting combustion in 
HCCI engines.  
Some suggested ways to solve this problem are as follows: 
- Use of alternative fuels or additives to the fuel. 
- Use of a high compression ratio in order to increase the temperature of 
gases in the cylinder by VCR and also using VVT at start-up. A more 
practical way to solve the problem is to use an ignition system in cold start-
up, then after warming the engine walls, the situation can change to HCCI 
combustion.  
4 - Although HCCI engines have low NOX and soot output, HC and CO 
emissions are high in this type of engine. To solve this problem, catalytic 
convertor technology is needed. The low temperature of exhaust gases from 
HCCI engines may cause an increase of the required time to decrease HC and 
CO and reduce the total efficiency of this method. 
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7.3 Different kinds of fuels in HCCI engines 
In 2003, Livermore researchers [109] investigated different kinds of fuels, using 
KIVA code to improve the performance of HCCI engines. They found that the 
fuels n-heptane, ISO-octane, gasoline, diesel fuel, propane, ethanol and natural 
gas can be used in HCCI engines, but the performance of the engine depends 
on the kind of fuel. Fuels with low octane number like n-heptane and diesel fuel 
need low inlet temperature for start of combustion, but the fuels with high 
octane number like methane and natural gas need high inlet temperature. 
Figure 7.5 shows the required inlet temperature for different fuels. 
 
Fig. 7.5: The required inlet temperature for different fuels versus the            
compression ratio to provide the maximum power (from ref. [109]) 
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Chapter 8 Modelling the HCCI engine 
                                                                                                                
8.1 Introduction 
In this work, AVL FIRE software is applied to simulate combustion. AVL FIRE is 
a finite volume based CFD package and is chosen because this software can 
be used to study the optimization of combustion chamber shape, also modelling 
of combustion with AVL FIRE is easier considering the existence of a graphic 
user interface (as given in section 4.4). Using this software, the processes in the 
cylinder can be simulated by a moveable mesh model from the time of IVC to 
the time of EVO.  The method to generate the mesh and use the simulation 
methods are outlined in this chapter.                
 
8.2 The method to prepare the model 
To simulate a combustion chamber, the first requirement is to give a two 
dimensional specification (symmetrical) of the piston crown of the engine in the 
condition of Top Dead Centre (TDC). In this work the selected model is from a 
Deutz engine of which the specification of a (ω - shape) piston crown is shown 
in Figure 8.1. The shape of piston is taken from reference [87].           
By using the dimensions of this piston crown, the mesh plan for two dimensional 
models is drawn using GAMBIT software. To expedite the convergence of the 
mesh generation results, the mesh is a “Map” type and the number of volumes 
(for two dimensional conditions) is 800. In the next step the generated mesh is 
saved for Fluent software in a NASTRAN format, and finally it can be read by 
AVL FIRE software.                                                                                                                                
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. 
Fig. 8.1 Specification of the half of piston crown for a Deutz engine 
 
 
 
Fig. 8.2 Mesh generated model in GAMBIT software 
 
The extension to three dimensions and making the model moveable is 
performed by AVL Fire, but to expedite calculations, only a part of the 
combustion chamber is modelled.                                                                                                                      
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In this way, with rotational axis symmetry for the combustion chamber, all of the 
fuel injection holes will have identical flow rate and only one section in the 
geometry for the chamber and injector is considered. A sector angle based on 
the number of the injection holes is determined. In this work, only 90 degrees of 
the cylinder is simulated in the software. In Figure 8.3 the generated mesh is 
shown at the crank angles of 180 and 360 degrees. This mesh is moveable and 
compressed between the crank angles of 180 and 360 degrees. To maintain the 
quality of generated meshes, the number of volumes will be reduced between 
320 and 340 degrees.                                                                            
From this the number of generated volumes between 180 to 320 degrees is 
equal to 44730, and from 320 to 340 degrees it is 34650 and between the 
angles of 340 to 360 it is 29610. 
 
Fig. 8.3:  3D generated mesh model in crank angles of 180 and 360 
degrees 
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8.3 Boundary conditions for the generated mesh 
In Figure 8.4 the boundary conditions for the generated mesh are shown. These 
boundary conditions are as follows:                                                                                
Head     
This boundary is considered as a wall. Hence, the boundary has velocity 
components of zero, and a boundary temperature of 480 K. Therefore, the head 
is modelled as a stationary wall with constant temperature.                                                                     
Liner 
This boundary is considered as a wall. Similar to the head, its velocity is zero 
and the temperature is constant at 380 K. Therefore, the liner also shouldn’t be 
moving and has constant temperature.                                                                                                    
              
  
 
 
 
Fig. 8.4: The boundaries of moveable mesh 
 
 
  
 
118 
 
Piston movement (Piston_mov) 
This boundary is included the boundary condition of the wall. Hence, the 
situation of movement follows from mesh movement and the temperature is 
constant at 580 K. So piston movement is a moveable boundary with constant 
temperature. 
Cyclic 
This boundary is considered as an interface boundary. Hence, the option of 
‘periodic’ is entered. For the shadow boundary, cyclic_rot boundary is entered. 
Radius 
The boundary condition for the radius is symmetry. 
Cyclic_rot 
This boundary is defined as a shadow boundary and the software automatically 
simulates it similar to cyclic boundary. 
 
8.4 The governed equations and models to solve the problem 
 
8.4.1 Momentum, continuity and energy equations 
The basic equations of momentum, continuity and energy are calculated for a 
closed cycle. The momentum and continuity equations are related to the 
calculation of velocity and pressure fields and the energy equation calculates 
the enthalpy. The general forms of these equations for a control volume are 
written as follows [74]: 
 
(8.1)            
ab
ac = −
a
aô (ρUx), 
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(8.2) 
DUx
Dt = ρ ∂Ux∂t + ρUx ∂Ux∂x = ρgx +
∂σx∂x
= ρgx − ∂Pxx +
∂∂x μ 
∂Ux∂x +
∂U∂xx −
2
3
∂U∂x δx,                                 
(8.3) 
 
ρ

c = ρ aac + U aaô = ρg + aac + aa ¬τxU¯ + aaô λ a5aô, 
 
where  is fluid density, U is velocity, g is gravity acceleration, Ï is the stress 
tensor, P is pressure, Æ  is viscosity,   is the unit tensor, H is stagnation 
enthalpy, q  is any thermal source, i is the shear tensor and N is the coefficient 
of heat conductivity.  
8.4.2 Calculation of the pressure field 
A basic problem to solve the momentum equations for fluid flow is the 
calculation of the pressure field. The Fire software uses the SIMPLE algorithm 
to solve the problem. In the iteration method of SIMPLE, which is a semi implicit 
method for linking the momentum and continuity equations [34], the discrete 
form of the continuity equation converts to an equation for correction of 
pressure.                                            
The corrected pressure is used in the pressure and velocity fields so that the 
velocity components obtained from the momentum equation satisfy the 
continuity equation. Of course, this method is used for incompressible flows. To 
calculate compressible flows, the SIMPLE method can be extended by 
introduction of density corrected equation, and linked with the pressure 
corrected equation by a state equation [75].                                                                                                               
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 8.4.3 Turbulence model 
In the k-ε model turbulence is modelled using two equations. The first equation 
is called the turbulent kinetic energy equation and has the following form:     
 
 
(8.4) 
ab
ac +
a(b)
a +
a(b)
a +
a(b)
a =  
a
a °
!"#$
a
a± +
a
a °
!"#$
a
a± +
a
a °
!"#$
a
a ± + μcφ −
ρε. 
 
The second equation is called the turbulent dissipated energy rate. 
(8.5) 
ab'
ac +
a(b')
a +
a(b')
a +
a(b')
a =  
a
a °
!"#(
a'
a± +
a
a °
!"#(
a'
a± +
a
a °
!"#(
a'
a ± +
Cnμc 'φ + Cρ 'É ‚ 
 
where pre assumed k-ε parameters are determined from Lauder and Spalding. 
These parameters are given in table 8.1. 
 
Table 8.1 Coefficients for the standard k-ε model 
σc σ' σ C! C Cn' 
0.85 1.3 1 0.09 1.92 1.44 
 
The aim in solving these two equations is to determine the effective viscosity 
using the following relation: 
 
(8.6)           μ* =  μ + C!ρ É'  
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In the above equation the first term is the viscosity of laminar flow and the 
second is the eddy or turbulent viscosity. In this turbulent model two equations 
are used to calculate the turbulent energy and the turbulent energy dissipation 
rate.                
                                                 (8.7)           νc =  C,kT 
In this work, the k-zeta-f model is used for simulation. This model has been 
developed by Hanjalic [35] based on Durbin [36]. To calculate eddy viscosity in 
the Durbin model, a velocity scale ν   is used instead of turbulent kinetic energy 
k [76].        
                                                 (8.8)           νc =  C,ν T 
 
In the above equation ν  is equal to the fluctuations of velocity, T is the time 
scale and C, is a turbulent constant. Therefore, in this model, in addition to the 
turbulent kinetic energy and turbulent dissipated energy rate equations two 
other equations, one for fluctuations of velocity and a second for discounted 
oval equations f (which is for modelling the effects of a non-isentropic wall) 
should be solved [76]:                             
(8.9) 
a/Éééé
ac + U a/Ééééaô = kf − /Éééé ε + aaô ñν + /"#0Ééééé a/
Éééé
aô ò. 
(8.10) L∇f − f = 20'n5 °/Éééé − ·± − C $' . 
Where T and L are suitable time and length scales that are calculated from the 
following relations:   
          (8.11) 
T = max ñ' ,C5 °3'±n/ò  
and  
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          (8.12) L =  C5 max 6k·/ε , C7 v
·
ε 
n/9, 
where the constant coefficients are given in Table 8.2.  
Table 8.2 Coefficients for model v2-f 
C5 C7 C5 σ/Éééé C! C Cn 
0.85 85 1.3 1 0.22 0.45 1.4 
 
Figure 8.5 shows the determination of Initial conditions. 
  
 
 
Fig .8.5 The determination of Initial conditions [74] 
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8.4.4 Fuel spray models 
AVL FIRE software simulates the injection of droplets from the nozzle as a 
spray that enters the flow field as a mixture of liquid and gas. It calculates the 
spray separation using certain sub models. The variation of momentum for the 
droplets and gas,  drop separation, evaporation of droplets, collision of droplets, 
mutual effects between the droplets and wall and also mutual effects between 
gas and liquid phases are covered by a group of models that allows AVL fire 
software to deal with different regimes of the flow. To solve the fuel spray 
equations, two phases of liquid and gas should be considered. The gaseous 
phase is described by the Navier-Stokes equations, and velocity, pressure, 
density and temperature values are obtained for each time step. There is 
transfer of mass, momentum and energy between the drops of liquid fuel and 
the gas in the cylinder, and the equation of both phases are thus coupled 
together.                      
   
8.4.4.1 Basic equations 
The spray momentum equation is written as follow: 
                                                   (8.13)                      m: :,|:c = Fx:< + Fx= + Fx> + Fx?, 
 
where ux: is particle velocity, md is fluid paricle mass, and Fx:< is drag force, given 
by 
 Fx:< = D> . CpA ,                                                                                          (8.14)                        
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ux<*B is relative velocity of drop and  D> is drag function, given by    
 
 
where C is the drag coefficient and A= is the cross section of a drop,  
and ρ= is fluid density in gas phase. 
  
The relationship for acceleration of a particle is as follows. It is obtained from 
dividing the forces by the mass of the particle: 
            (8.16)           
:,|:c =
·
»C bDb| n| Eux= − ux:E¬ux= − ux:¯ + °1 − bDb|± gx. 
By integration of the above equation, the particle velocity is obtained and by 
integration of velocity equation the instance position vector of the particle can 
be calculated. 
                                                   (8.17)           
:|:c = ux:. 
  
8.4.4.2 Separation model 
The main problem in modelling the fuel spray in the combustion of diesel is 
determination and adaptation of the governing mechanism on the separation 
processes. Many models have been introduced for this relation. In this work the 
Kelvin, Helmholts- Rayleigh, Taylor compound model, which is one of the most 
complete models, is used [77]. In the KH-RT model, surface waves of Kelvin, 
Helmholtz and Rayleigh, Taylor turbulence compound together to define the 
separation of drops.       
    
                                                       (8.15) 
D> = n ρ=A=C|ux<*B|,    
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8.4.4.3 The collision and coalescence of the particles 
The effects of collisions and coalescence of new particles is simulated by using 
the O’Rourke model [79]. The calculation of collisions is done when there are 
two particles in the calculated cell. The probable collision of one particle with the 
other particles is obtained from a Poisson distribution. In the following equation, 
n is the number of collisions and né  is the average number of expected 
collisions(né = v.∆t), where ∆t is the calculated time step, and then 
                                                                                                                                                                   
                                                                (8.18) 
          PH = exp (−né) H1IH! . 
 
8.4.4.4 The collision of particles with a wall 
AVL Fire software has different models for calculation related to the mutual 
interaction between spray and wall. In this work, “Walljet1” related to the Walljet 
model is used. The Walljet model was introduced by Nober and Reitz [80] and it 
is based on the collision between spray and wall.                                                                                               
In this model, at the working conditions of an engine, it is assumed that there is 
a vapour layer around the drop and this drop jumps after the collision with the 
wall or slides on the wall. The transient between these two conditions is 
specified by the critical Weber number. In this model the critical Weber number 
equals 80[80] (WeL = 80).                    
In Figure 8.6 the mutual interaction between spray and wall in the Walljet model 
is shown. 
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Fig. 8.6 The collision of particles with a wall 
  
If the Weber number of the drop is less than the critical Weber number, the 
direction of the tangent component of velocity doesn’t change, but the direction 
of the normal component of velocity will invert. The amount of normal 
component depends on the Weber number before and after the collision. The 
Weber number before collision is calculated as follow:                                                                          
 
                                                   (8.19)           WeM  xH = b||NI,IÉ# . 
      
UH,xH is the normal component of velocity before the collision. For calculation of 
the Weber number after the collision an experimental correction factor is used. 
Based on this an experimental function is derived by Wachters and Westerling 
[81] as follow: 
                                                  (8.20)  WeM  O,c = Cn.WeM  xH. exp (−C.WeM  xH),  
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where the experimental constants of  C1 and C2 are 0.687 and 0.04415 
respectively.  The following relation is given by Gonzalez [82] for calculation of 
normal component of velocity after the collision. 
 
                                                   (8.21)           vH,O,c = −vH,xH.PQ*RS"Q*I . 
If the Weber number of the collided drop is more than critical Weber number, it 
is assumed that the drop behaves similarly to a liquid jet. In this condition, the 
direction of drops after collision will change and the amounts of their velocities 
will not change. The reflection angle of   β will change in the following ranges:  
0 < æ < 5Sand 0 < æ < 18S   
The Walljet 1 method calculates the diameter of the drop after the collision 
using the following method: 
                                                 (8.22)   Vwe < 50                 dO,c = dxH                     50 ≤ We ≤ 300  dO,c = dxHf(WeM  xH)    
we < 50                dO,c = 0.2dxH                , 
  
where β  is the reflection angle and it varies between 0 and 5 [83] 
8.4.4.5 Heat transfer and evaporation of a fuel drop                                                     
In this work, multi- component methods are applied to simulate evaporation of 
the fuel.  This extended method is the Abramzon-Sirignano method. Based on 
this method, the mass change rate of the drop while the temperature is higher 
than the boiling point is obtained from the following equation:                                                                           
                                                   (8.23) 
 
dm>
dt =  
Q2 +  QYV  
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where V is the evaporation heat of the particle and QC and QR   are convection 
and radiation heat transfer respectively.   
When the temperature of particles is lower than the boiling point, the mass rate 
is obtained from the following relation:                                                                             
 
                                                    (8.24)            
:[\:c =  πρ=β=D:sh∗ ln °n'_`,an'_b ±. 
  
In the above relation Y is the mass fraction of vapour, D: is droplet diameter, β= 
is diffusion coefficient and ρ=   is partial density of the particle. Sh* is the 
Sherwood number and is obtained from the following relation: 
                          (8.25)            Sh∗ = 2 + (efÜ')gh  ;     shS = 2 + 0.552Re
0
ÉSc0Ù  
  
To extend this to a Multi- Component method, the following assumptions should 
be considered: 
- Liquid particles of all sizes should be mixed.  
-The forces between the particles are equal. 
As a result, in Multi-Component form, the mass transfer of each particle into the 
drop is done separately. Hence the general mass rate for each drop is [43]:  
                                                   (8.26)           m =  ∑ mxHxmn . 
In the above relation n is the number of particles in the drop. 
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8.4.5 Combustion model 
The existing combustion models in the software can provide the possibility to 
investigate and simulate the combustion process in a cylinder at different 
conditions of premixed, partial premixed and non-premixed combustions. In this 
work, the ECFM-3Z model of ICE is used for simulation of combustion.                                                       
 
 
Fig.8.7 The zones in calculation cells in ECFM-3Z [85] 
 
This combustion model can describe the diffusion and premixed non-
homogeneous turbulent combustion based on the flame surface density transfer 
equation. By using this model, the fuels with different chemical species can be 
defined. In this model the effects of auto ignition and propagation of flame are 
predicted. The velocity of reaction for each part of the fuel is calculated 
separately and the combustion products are determined based on the 
combustion, volume by volume.                                                
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In order to define the diffusion and premixed combustion processes, each 
calculated cell is divided by three regions: 1. the region with pure fuel, 2. the 
region with pure air and residual gas (if available) and 3. the region with a 
mixture of air and fuel and residual gases.                                                                                                                           
In module ECFM-3Z, the transfer equation is solved for the average amounts of 
chemical species for each calculation cell. Each cell includes three regions. 
Therefore, the burned gases include the burned real gases and one part of the 
non-mixed fuel and air [85]. Figure 8.8 shows the selection of combustion model 
in AVL Fire software. 
 
Fig. 8.8 The combustion models at AVL Fire software [74] 
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8.4.6 The model for nitrogen oxides 
Nitrogen oxide is produced during combustion and then converts to nitrogen 
dioxide. In the combustion of an engine, NO can be formed by the following 
methods: 
-Thermal NO is formed based on the Zeldovich mechanism due to high 
temperature of the nitrogen in the air. 
-Prompt NO is formed   based on the Fenimore mechanism from the nitrogen in 
the air and flamelets. 
-NO is formed through the N2O mechanism.  
-Fuel NO is formed from the nitrogen in fuel. 
The formation through different mechanisms depends on the conditions of the 
engine. The Zeldovich mechanism is the most significant. At low temperature 
(for instance, by using EGR) the prompt NO mechanism is more important due 
to increasing the concentration of fuel.                                                                                                        
Thermal NO is produced behind the flamelet and between the burned hot 
gases. Its two stage mechanism was introduced by Zeldovich, and then it was 
further developed by Lavoie [86]. The developed mechanism was defined in 
chapter 3, section 3.8.  
              
8.5. Discretization method of equations 
AVL Fire software applies the discretization method of the finite volume method 
to solve the governing equations on the fluid flow. The methods applied by AVL 
software can be summarized as follows:                                                                                        
-The applied coordinate system is Cartesian, vector and tensor components are 
expressed in Cartesian terms.                                                                           
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-All the dependent variables are saved at a geometric centre in the control    
volume. At the boundaries, these variables are defined at the centre of 
boundary surfaces of the control volume.                                                                           
-To quantify these dependent variables, derivatives of them and the fluid 
properties at the positions except the centre of cell; linear difference is used. 
-Due to the second order relationships of dependent variables, a discretization 
method is used which has second order accuracy. 
To obtain the discretized equations, the following methods should be given. 
-Geometric position and properties connectivity. 
-Interpolation method calculates the different parameters in the centre of the cell 
such as the derivatives in the centre of the cell and area centre. 
- Prediction method for integration time step. 
 
In Figure 8.9 different kinds of control volume in AVL Fire software are shown 
that are used in the numerical solution [87].  
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Fig. 8.9 Different kinds of control volumes used by AVL Fire software 
The governing equations are solved for each control volume by the numerical 
method of finite volumes, to obtain the numerical quantities related to the 
governing equations of the fluid flow field. 
  
8.6 Boundary conditions in AVL Fire software  
Three kinds of boundary conditions are defined in AVL Fire software as follows: 
-wall  
-inlet/outlet   
-symmetry  
The wall boundary condition is used for solid walls. The following properties 
should be specified for definition of the full boundary condition of a wall. 
-movement  
-thermal conditions  
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-roughness 
For movement the following options are defined in Fire software: 
-velocity  
-mesh movement  
The first option is selected when the velocity component of the wall is given and 
the second option is considered for the wall as part of mesh movement. 
There are the following options for thermal conditions; 
-temperature   
-heat flux  
  -convection/radiation       
-temperature gradient=0.   
 The boundary condition of temperature is for a wall with constant temperature 
and the temperature of the wall should be entered in Kelvin. 
When a specified heat flux passes from the wall, the boundary condition of heat 
flux is used. The boundary condition of temperature gradient of zero is specified 
when the temperature gradient at the wall is zero, i.e. adiabatic. 
-roughness  
In this option, two parameters of a “roughnessheight” and “roughnessconstant” 
are entered as input. 
The boundary condition of inlet/outlet is used for the boundaries with a through 
flow of mass. This kind of boundary condition is divided as follows: 
-static pressure  
-total pressure  
           -averaged pressure boundary                                                                                                
            -velocity 
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-normal velocity   
-mass flow     
  -periodic 
-stagnation pressure        
The boundary condition of symmetry is used when some parts of the mesh can 
be deleted due to symmetry. The surface that is a boundary due to the 
symmetry is called a symmetry boundary. The normal component of velocity in 
the symmetry boundary is normally zero.  
Figure 8.10 shows the activation of the governing equations and Figure 8.11 
illustrates the determination of convergence criteria at AVL Fire software.  
 
 
 
Fig.8.10 The activation of the governing equations [74] 
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Fig. 8.11 The determination of convergence criteria at AVL Fire software 
[74] 
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Chapter 9 Validation and results analysis 
 
 9.1 Introduction 
In this chapter, firstly, an engine is specified and the results obtained from 
simulation are compared with experimental results for the sample diesel Deutz 
engine. It is carried out in order to validate the method applied in AVL Fire 
software. 
Then the effect of the parameters such as inlet temperature, fuels ratio, diesel 
fuel injection timing, engine RPM, and EGR on combustion in a HCCI engine 
are investigated. 
In this work, methane (Q») is considered as representative of natural gas. The 
simulation is done from IVC up to EVO and the calculated pressure at IVC is 
considered to be about 1.1 bar. 
The average cylinder temperature of a HCCI engines is lower than that of 
conventional diesel engines. Hence the temperature in cylinder wall, piston 
crown, and cylinder head is assumed to be somewhat lower than for a diesel 
engine, as detailed later. 
9.2 The comparison of simulation with experimental results                  
The specification of a Deutz diesel engine is shown in Table 9.1. Experimental 
results for this engine are given by Zhang et.al. [87] for two conditions: with only 
diesel fuel and also with dual fuel. 
The initial conditions for the obtained results from the experimental works are 
given in Table 9.2. These results have been extracted for the average pressure 
in cylinder, heat release rate, and also for the emission of N«Á with the condition 
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of diesel fuel only. The results show a close similarity between experimental 
and theoretical results and the average difference is about five per cent.  
 
Table 9.1: The specification of Deutz diesel engine 
 
F6L912Q Model 
Four-Stroke, air cooled, Natural Aspiration Type 
6 in line Number of cylinder 
100 × 120 mm Bore × Stroke 
5.65 litres Displacement 
17 Compression ratio 
 bore Piston shape 
IVO: 32 BTDC 
Inlet 
Valve Timing 
IVC: 60 ATDC 
EVO: 70 BBDC 
Exhaust 
EVC: 32 ATDC 
88 KW Max Power (at 2800 rpm) 
345 N-m Max torque (at 1650 rpm) 
4 Number of holes 
0.285 mm Nozzle Hole Diameter 
 
 
Table 9.2 The initial conditions for the experimental works 
 
SOI for 
diesel 
fuel 
(ATDC) 
NG   
(g/inj) 
Diesel 
fuel 
(g/cyc) 
Intake air 
temp (K) 
Torque 
(Nm) 
Speed 
(RPM) 
Case 
-7 0 0.048 365 296.9 1604 1 
-10 0.042 0.006 365 249.8 1602 2 
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Fig. 9.1:  Comparison of the pressure and heat release curves of baseline 
diesel engine by simulation and experimental means. 
 
 
Fig.9.2: Comparison of the pressure and heat release curves of dual fuel 
engine by simulation and experimental means. 
 
HRR 
Pressure 
Pressure 
HRR 
  
 
140 
 
 
Fig. 9.3: Comparison of the NÔk emissions of baseline diesel engine by 
simulation and experimental means. 
 
9.3 Initial conditions for simulation of HCCI engine 
In this work methane fuel is taken as representative of natural gas and is added 
to air as a premixed mixture which enters the combustion chamber, and diesel 
fuel is injected earlier to form a homogenous mixture. In order to show the effect 
of gaseous fuel on the combustion of HCCI engines, the premixed ratio of R is 
defined as follow: 
 
 r> =  l \l " =  
[ \fS\[ \fS\í[ |fS|                                                   (9.1) 
                                                                     
Where  R is the mass flow rate of premixed gaseous fuel,   is the mass flow 
rate of injected fuel, ℎf is the heating value of pre-mixed gaseous fuel and ℎfR 
is the heating value of injected fuel. 
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 R= 1, gives a single fuel in a HCCI engine and R = 0   gives a HCCI engine 
with injected fuel only. In this work the inlet pressure, fuel injection pattern, 
duration of fuel injection, the temperature of injected fuel and the temperature of 
the cylinder walls are assumed to be constant. Since the average temperature 
in the cylinder in a HCCI engine is lower than in a conventional diesel engine, 
the temperature of the cylinder wall in this engine is also considered to be 
lower: the temperature of cylinder head is assumed to be 480K, the piston 
crown is 580K and temperature of cylinder is 420K similar to values determined 
in ref. [87]. In Table 9.3 the initial conditions are shown for the simulations.  
.  
Table 9.3: The initial condition for simulation 
 
1100, 1600, 2100, 2600 Speed (rpm) 
320 ~ 380 Inlet temperature (K) 
1.1 bar Inlet pressure 
0.33 ~ 0.8 Premixed ratio 
340 Injected fluid temperature (k) 
-110 ~ -10 Time of injection (ATDC) 
10 Injection duration (deg) 
1.62 ~ 6.7 Diesel fuel (mg/cyc) 
0 ~ 3.85 NG (mg/inj) 
rectangular-type Injection rate-shape 
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9.4 Diesel fuel injection timing 
By variation of fuel injection timing the homogenous rate of the fuel-air mixture, 
and as a result the power, efficiency and emissions of engine can be controlled. 
With early injection of fuel, there is enough time to form a homogenous mixture 
of fuel and air. However the injected fuel will not evaporate easily due to the 
lower temperature of the chamber at the beginning of the compression stroke. It 
causes a fuel layer to be formed on the cylinder wall and as a result the fuel 
consumption and emissions will be increased. To prevent the collision of fuel 
with the cylinder wall, with an increase in the advance of fuel injection timing, 
the fuel injection angle should become more narrow[48]. Figure 9.4 shows the 
variation of injection angle versus the fuel injection timing. 
 
 
Fig. 9.4: The variation of injection angle versus the fuel injection timing 
 
To obtain the optimum condition for fuel injection timing, the injection time 
varies from 30 up to 110 degrees before TDC and results are compared with a 
conventional diesel engine. Figure 9-5 illustrates the variation of IMEP with an 
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inlet temperature of 380 K and a 1600 RPM engine speed, for different fuel 
injection timing. 
 
 
Fig. 9.5: The variation of IMEP in inlet temperature of 380 K and 1600 RPM 
for  different fuel injection timing 
 
Early fuel injection causes a  homogenous mixture in the combustion chamber 
before the combustion, but as shown in Figure 9.5, the reduction of fuel 
injection timing from one degree and less causes a decrease of power and 
IMEP. The negative work will increase due to the early fuel injection during the 
compression, and earlier start of combustion [49]. In other words, at the 
beginning of the compression stroke, the average temperature of the cylinder 
will be lower and while the liquid fuel injects, the evaporation of fuel will 
encounter problems as at the start of combustion only a small amount of fuel 
evaporates.  
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Figure 9.6 shows the exhaust and emissions versus the fuel injection timing. 
Considering Figure 9.6, it shows that with early fuel injection, the amount of CO 
increases sharply. The reason for this increase is that with a decrease of fuel 
injection timing during the compression stroke, a suitable condition to form a 
homogenous mixture will be available, hence, the combustion may start from 
several points in the combustion chamber and this condition causes more rapid 
combustion and a reduction of time for oxidation of the intermediate products to 
CO2 which is one of the main processes of combustion [91]. 
For NOX emission as shown in Figure 9.6, with a decrease of fuel injection 
timing, the amount of this emission somewhat decreases and this depends on 
the average temperature in the cylinder. 
When decreasing the fuel injection time, the average temperature in the cylinder 
will decrease, while the main process forming the NOX is thermal NOX. With a 
reduction of the temperature in the chamber, the amount of this emission also 
decreases. HC emission markedly depends on the temperature of combustion. 
Early injection of fuel causes the reduction of the average temperature in the 
cylinder and an increase of unburned hydrocarbon. 
Figure 9.7 shows the variation of pressure at rp=0. at an inlet temperature of 
380K and engine speed of 1600 RPM, for different fuel injection timings. 
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Fig. 9.6: The variation of emissions with inlet temperature of 380 K and 
1600 RPM engine speed for different fuel injection timings 
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Fig. 9.7: The variation of pressure at mn= o. at an inlet temperature of 380K 
and engine speed of 1600 RPM for different fuel injection timing 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
Fig.9.8: The variation of the average temperature at mn= 0 at an inlet 
temperature of 380K and 1600 RPM versus different fuel injection timing. 
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Considering the obtained results, the optimum time for fuel injection is seen to 
be 70 degrees before TDC (290 degree crank angle). In this condition CO 
emission is high, N«p and HC emissions are lower but MEP is maximum. For 
the other air inlet temperature, the fuel injects at the same crank angle 
regardless of the fuel injection timing. 
 
9.5 The effects of air inlet temperature on the combustion of a HCCI 
engine 
 
9.5.1 The characteristic of combustion 
In Figure 9.9 the temperature of the gas in the cylinder and the heat release for 
different premixed ratios are shown. To study the heat release curve, two 
stages of combustion are observed. One for low temperature combustion is 
named LTR (Low Temperature Reaction) and the other for high temperature 
combustion (main combustion) is named HTR (High Temperature Reaction).  
Here, the cold flame phenomenon (low temperature reaction) in the temperature 
range of 750-800K and then HTR stage in the range of 900-1050K start 
immediately after the reduction of the LTR process.  
This range of temperature of heat release has two stages with a negative 
temperature coefficient (NTC). In this region to raise the temperature, the delay 
in combustion must increase. Mini [51] and Pekaleski [92] found the cold flame 
phenomenon that occurs in the lower temperatures of auto-ignition and found it 
causes the combustion to happen in two stages. This behaviour of two stages is 
named two stage ignition. When one hydrocarbon (Alkane) in the engine is 
compressed by a rapid compression mechanism (RCM), the pressure and 
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temperature increase until the start of auto ignition (initial combustion). At this 
point the temperature and pressure cause an increase of acceleration in 
chemical reactions, until the temperature reaches the NTC stage. After the 
initial temperature, with increase in the pressure and temperature, up to the end 
of the NTC stage, nothing in particular is seen. After this stage, the second 
combustion starts and the fuel burns in the second stage. The numerical and 
experimental results show the cold flame phenomenon happens at 100 degrees 
C lower than the auto-ignition temperature of the air-fuel mixture. 
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Fig. 9.9: The variation of the average temperature in the cylinder and the 
rate of heat release for different premixed ratios and inlet temperatures. 
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The third peak in the heat release curve is shown in Figure 9.9. This third peak 
is the same peak caused by diffusive combustion which exists in the 
combustion of diesel fuel. The reason is the injection of fuel and its collision with 
the cylinder wall. The fuel does not evaporate in this condition in a HCCI 
engine. 
In this work, as shown in Figure 9.10, the start of combustion (SOC) is 
considered equal to the point at which 10 per cent of heat has been released 
(HTR). Consequently, if RÈA, the crank angle, is to be in accordance with the 
angle related to the maximum heat release of low temperature (LTR), the 
difference between RÈA and SOC is equal to NTC versus the crank angle [53].  
 
 
Fig. 9.10: The definition of start of combustion [54] 
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Figure 9.11 shows the time of start of combustion for different inlet 
temperatures and premixed ratios. To investigate this figure, it is found that the 
inlet air temperature has significant effects on the start of combustion, so that 
with an increase of temperature of the inlet air, the combustion starts earlier and 
more advanced from TDC. In order to increase the air inlet temperature, the 
average temperature in the chamber must also increase. Hence the 
concentration of hydroproxide and alfine are increased which depends directly 
on the temperature. This causes the forming of « radical and subsequently 
the hydroxyl radicals cause the pre- ignition combustion [95]. 
Increasing R or the amount of gaseous fuel, does not give particular trends in 
the start of combustion. For instance, at an inlet temperature of 320K, 
increasing R  from the ratio of 0.33 up to 0.79 changes the time of start of 
combustion from 362° angle (CA) to 360° , while at an air inlet temperature of 
380K, the start of combustion decreases from 351° CA to 348° CA at a ratio R= 
0 to R= 0.55 and then up to the ratio of R= 0.76, the combustion will be further 
delayed to 351 degrees.  
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Fig. 9.11: The time of start of combustion of different temperatures and 
premixed ratios 
 
Considering the ratio of R= 0 and air inlet temperatures of 320K and 340K, the 
combustion is not steady and exhibits misfiring. The results of SOC and the 
length of combustion time are not considered. 
Figure 9.12 shows the length of combustion time. As shown in this figure, the 
length of time of combustion (not considering the SOC) depends markedly on 
the premixed ratios of gaseous fuel.  Increasing methane causes the duration of 
combustion to decrease through a rapid combustion. In this condition, the 
maximum pressure is also increased and it causes rapid combustion and 
probable knock. 
The reason for this rapid combustion is that the gaseous fuels can form the 
homogenous mixture with air and hence the SOC occurs simultaneously across 
the cylinder. As shown in Figure 9.12, the duration of combustion is decreased 
with the increase of inlet temperature, because the combustion after TDC ends. 
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In this condition, the temperature is gradually decreased with the increase of the 
volume of the cylinder. As a result, with an increase of the average temperature 
of the cylinder, the reaction of air-fuel after TDC will occur rapidly and thus 
quickly end.  
 
 
Fig. 9.12: The duration of combustion in the different temperatures and 
premixed ratios 
 
As already mentioned, with an increase in methane fuel, the combustion will be 
more rapid and cause the knock phenomenon. In this work, in order to predict 
the knock, the rate of the pressure versus the crank angle ( R/ ) is used as 
shown in the figure.  
Figure 9.13 shows the variation of pressure in three premixed ratios in which 
knock probably occurs. 
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Fig. 9.13: Variation of pressure versus the crank angle for three different 
premixed ratios mn= 0.55, mn= 0.65 and mn=0.76 
 
In this work, the critical value of the slope of pressure for knock is considered to 
be equal to 15 bar/degree; if the slope of pressure is lower than this amount, it 
can be said that the combustion is in a suitable condition [54]. As expected, If 
the methane fuel level is increased, the rate of combustion increases and the 
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slope of the pressure curve is high in the points close to TDC (positive 
gradient). As observed in Figure 9.13, it is found that knock occurs at a 
premixed ratio of rp= 0.76 and an inlet air temperature of 380K.  
Figure 9.14 shows the indicated mean effective pressure (IMEP) versus 
different temperatures and premixed ratios. With an inlet air temperature of 
320K, as rp, increases, many changes are seen in the IMEP. As the air inlet 
temperature increases this change will be lower and the shape of curve 
becomes a relatively straight line. The reason for this trend of changes is that 
the diesel fuel evaporates very little. Hence, with a decrease of the air inlet 
temperature, the evaporation of liquid fuel decreases and causes slower 
combustion and a decrease of produced power. 
In Figure 9.15 the amount of evaporated diesel fuel and the fuel remaining for a 
certain premixed ratio (rp= 0.44) is shown. 
From this figure, it is clearly observed that as the air inlet temperature 
increases, the amount of evaporation of fuel increases and consequently the 
remaining fuel decreases before the start of combustion. Thus, increasing 
evaporation before the combustion causes fuel to be mixed with air. In this 
condition the engine power increases and emissions decrease. 
As shown in Figure 9.14 at lower temperature, when increasing the amount of 
diesel fuel, the brake power and MEP decrease sharply. At an inlet temperature 
of 320K, from rp =0.33 up to rp=0.76, the IMEP increases from 0.477 MPa up to 
0.567 MPa. However at an inlet temperature of 380K, maximum IMEP is 0.486 
M at rp= 0.55.  
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In Figure 9.16 the curves of the pressure versus the crank angle are shown. 
From this figure, it is seen that by increasing the inlet temperature, the shape of 
pressure curves become closer to each other at different ratios of rp. 
 
Fig.9.14: Variation of IMEP versus the different premixed ratios and inlet 
temperatures. 
 
Fig.9.15: The evaporated diesel fuel amount and its remaining fuel versus 
milligram in premixed ratio of mn= 0.44 
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Fig. 9.16: The variation of pressure versus the different premixed ratios 
and air inlet temperatures. 
The other point from this pressure curve is that at lower air inlet temperature, 
due to the delay in start of combustion, the maximum pressure will happen at 
points further from TDC and will cause the negative work to decrease (during 
the compression process)  and the brake power  to increase. 
As shown in Figure 9.14, the maximum MEP is at a premixed ratio of R= 0.76 
and an inlet air temperature of 320K. However with an increase in the inlet 
temperature and also an increase in the premixed ratio, power and MEP will 
decrease due to pre-ignition and growth of the negative work.  
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9.5.2 Emissions  
A strong point of HCCI engines is the significant decrease of N«p emissions 
due to the lower temperature in the combustion chamber. However a mixture of 
methane and diesel fuel causes the rapid combustion and an increase of the 
average temperature in the cylinder. The formation of the most significant part 
of N«p occurs at higher temperature than 1800 degrees and as a result the 
amount of this emission will increase in the dual fuel condition [96]. 
Figure 9.17 shows the amount of N«p in ppm (mass) versus different inlet air 
temperatures and premixed ratios. 
When increasing the air inlet temperature, the N«pemissions increase in all 
ratios of R except at R= 0.33 and Tin= 380K because at high temperature the 
required energy is provided for the reaction of oxygen and nitrogen. As a result, 
the production of the thermal nitrogen oxides will increase. 
 
Fig. 9.17: Variation of NÔk emissions versus different premixed ratios and 
inlet air temperatures. 
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The maximum N O  emission is at the ratio R = 0.44. At the other points 
increasing the premixed ratio will cause NO to decrease. The reason for this 
decrease is that by increasing   R  the amount of oxygen in the cylinder 
decreases due to replacement by gaseous fuel, and this lack of oxygen causes 
the reduction of NO emissions.  
At an inlet temperature of 320K, the increase of NO is not as high. The highest 
is 16 ppm at R= 0.65. Comparing this to emissions standards, the indicated 
specific NO equals 0.1 g/KWh in this point, which is lower than the Euro VI 
standard (approved for 2013 of 0.4 g/KWh). 
 
 
Fig. 9.18: Variation of HC emission at different inlet temperatures and 
premixed ratios 
Figures 9.18 and 9.19 show significant decrease of produced emissions when 
methane fuel is added to the mixture. Considering this figure, increasing R 
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causes some reduction of CO emission. At an inlet temperature of 380K, the 
amount of this emission decreases from 0.89% to 0.036%, and from 0.89% to 
0.041% for R= 0.65 and R= 0.76 respectively. 
The reason for this reduction is the decrease of the duration of combustion due 
to the increase of gaseous fuel. It causes more rapid burning and complete 
oxidation of the fuel. In other words, an increase of inlet air temperature and an 
increase of the average temperature in the cylinder give enough time to 
complete the last stage and make it a smooth combustion. Thus CO will change 
to CO. 
Considering this figure, the most optimal condition for reduction of HC and CO 
emissions, is at an inlet temperature of 380K with R= 0.55 or R= 0.65. 
 
 
Fig. 9.19: Variation of CO emission versus different premixed ratios and 
inlet air temperatures. 
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9.6 Exhaust Gas Recirculation (EGR) 
EGR is one of the main methods for reducing N«p emissions in diesel engines 
[98] and also EGR is used to control the time that ignition starts, and the 
burning rate in HCCI combustion [99]. Using EGR in CI engines with 
homogenous fuel has a lot of effects which can be divided into five groups [100-
101] as follows: 
The effect of pre-heating of mixture: this causes the advance of self-ignition 
timing, increase of heat release rate and reduction of the duration of 
combustion. 
The effect of dilution of the mixture: no effect on the auto-ignition, but increase 
of duration of combustion and causes the reduction of the heat release rate. 
Increase of heat capacity of mixture: this causes the reduction of temperature of 
the mixture at the end of the compression process. 
The chemical effects of participation of the products of combustion in chemical 
reactions: a high level of EGR causes a slight reduction of the duration of 
combustion.  
The effect of stratified charging of the mixture: this makes HCCI combustion 
easier with the presence of a high temperature region between the burned 
gases and the unburned mixture of air and fuel. Although using EGR causes the 
reduction of N O emission, a decrease of oxygen and reduction of the 
temperature in the cylinder causes HC and CO emissions to increase. 
9.6.1 The characteristics of combustion: 
The EGR used in this work is external EGR and it is assumed that the inlet 
temperature of the mixture (EGR + mixture of air and fuel) in the beginning of 
compression stage is 340 K and the inlet EGR amount is a mass percentage of 
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the whole mixture. In this study the investigation of EGR is done for an injection 
angle of 70 degrees before TDC and for EGR percentages of 0, 10, 20 and 
30%. The engine RPM is 1600 rpm. 
Figures 9.20 and 9.21 show the effect of the EGR fraction on the pressure and 
temperature of the gas in the cylinder in HCCI combustion with different 
premixed ratios. As shown in Figures 9.20 and 9.21, increasing the inlet EGR 
reduces the maximum pressure and temperature and causes a delay in ignition.  
By increasing the inlet EGR fraction, the oxygen content in the cylinder is 
reduced and the start of the ignition will have a delay, and will change the 
duration of the combustion stage. To increase the ignition delay, a part of the 
fuel will be consumed before TDC and for this reason the maximum pressure 
and heat release rate will be reduced.  
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Fig. 9.20: Variation of pressure versus the different premixed ratios and 
EGR percentages. 
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Fig. 9.21: Variation of the average temperature in cylinder and heat release 
rate versus different premixed ratios and EGR percentages 
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When the burned gases such as C« and  O enter the cylinder, the heat 
capacity of the mixture increases and the mixture itself can save more energy 
and causes a reduction of temperature in the cylinder during the combustion 
process.  
As already explained, 
R
 is used to measure the rate of combustion and in this 
part of the work, it is used to investigate the knock and the performance range 
of the engine. Use of EGR, in addition to reducing the N«Á emissions, causes 
the rate of pressure change to reduce.  
In HCCI engines the combustion starts from several points and during this time 
the total energy of the fuel is released. Therefore the increased rate of pressure 
in this kind of engine causes knock in the engine, so some factors must be used 
to control the effect. In most cases dilution of the mixture is used to control the 
knock. 
  
 
 
Fig. 9.22: The curve of the pressure gradient for mn= 0.8 at different 
percentages of EGR 
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To incorporate the burned gases, the active radicals of NO, CO, H2O and CO2 
are included in chemical reactions and cause a smooth reaction rate. As a 
result, the rate of pressure increase reduces. 
In Figure 9.22, the pressure gradient curve is shown at rp = 0.8. As expected 
using 10% of EGR stops the knock and the maximum value of the slope-of-
pressure curve decreases from 1.75 to 1.16 MPa/radian. 
Figure 9.23 shows the effective pressure (IMEP) for different premixed ratios 
and different percentages of EGR. 
Varying the premixed fuel up to rp= 0.48, a remarkable variation in IMEP is seen 
so that at an EGR of zero per cent, IMEP varies from 0.38 to 0.49 MPa, but 
premixed ratios from 0.48 up to 0.8 have less effect on IMEP. In ratios of less 
than 0.48, diesel fuel forms the main part of fuel, and due to its lower volatility a 
small fraction of diesel fuel evaporates. It causes lean combustion and 
subsequently IMEP decreases at low premixed ratio. 
 
Fig. 9.23: Variation of IMEP versus different premixed ratios and 
percentage of EGR 
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As expected, when increasing EGR, IMEP reduces so that this reduction at 
percentages lower than 20% is not so useful and EGR has a small effect on 
IMEP. However by increasing EGR from 30 per cent and adding the unburned 
gases in the cylinder, the maximum pressure in the cylinder will decrease, 
consequently IMEP will show a strong reduction. 
As already mentioned, when the EGR of the mixture is increased heat capacity 
will increase, and by including the non-reaction species such as three atom 
molecules in the mixture the speed of combustion reactions reduce and the 
duration of combustion increases. The time of start of combustion will also be 
postponed. 
Figures 9.24 and 9.25 show the duration and start of combustion for different 
percentage of EGR. 
 
 
Fig. 9.24: The time of combustion start at different premixed ratios and 
EGR percentages 
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Fig. 9.25 shows the duration of combustion at different premixed ratios 
and EGR percentages 
 
9.6.2 Emissions 
Figure 9.26 shows CO and HC emissions for the different premixed ratios and 
EGR percentages. As observed, at lower ratios than 0.46, the levels of these 
emissions are higher than for the other ratios. 
As the diesel fuel has lower volatility than petrol, at ratios of less than 0.46, it 
forms the main part of the fuel. With injection of this fuel in the compression 
process, a small amount evaporates and a large amount of the fuel will remain 
as liquid. Due to the lower temperature in the cylinder, a small part of the fuel is 
consumed and the remainder appears as CO and HC emissions. In high 
premixed ratios, the amount of diesel fuel decreases and combustion at high 
temperature occurs, and the production of these emissions reduces. 
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Meanwhile, due to increasing the EGR in the cylinder, the speed of reactions 
and maximum temperatures will decrease. At the same time, EGR causes a 
reduction in the oxygen content and this factor causes the oxidation to weaken 
and thus CO and HC emissions will increase. 
 
 
Fig. 9.26: Variation of CO and HC emissions versus different premixed 
ratios and EGR percentages 
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Figure 9.27 shows the effect of EGR on the NOX emissions for different 
premixed ratios and as can be seen with an increase of EGR, NOX emission will 
be reduced. 
 
 
 
 
Fig. 9.27: Variation of NOX emission versus the different premixed ratios 
and EGR percentages 
 
The main factors that produce NOX emissions are high temperature of 
combustion, concentration of oxygen and long duration of combustion at high 
temperature [102]. For a HCCI engine, the duration of combustion is short and 
the combustion occurs very rapidly, so there is not enough time to produce NOX 
at high levels. Therefore, NOX emission in HCCI engine is low. By increasing 
EGR from zero to 30 per cent, ignition delay will increase and the start of 
combustion will vary.  
  
 
171 
 
This variation means that the whole combustion process occurs during the 
compression stroke. So the products of the reaction will stay at a high 
temperature for a short time and NOX naturally decreases. Moreover to add 
EGR means the oxygen content and maximum temperature will decrease, and 
it helps to reduce NOX emissions. 
  
9.7 The effect of engine RPM on the combustion of HCCI  
To investigate the effect of engine RPM on the performance of a HCCI engine, 
RPM is arranged to vary from 1100 up to 2600 RPM at the condition of inlet 
pressure of 1 bar and inlet temperature of 360K. 
Figures 9.28 and 9.29 show the variation of pressure and temperature at 
different RPM. The increase of RPM causes the combustion to be delayed. 
RPM affects directly on the variables that have dependence on time. Although 
the increase of RPM has no significant effect on the variation trend of 
temperature and pressure before the start of combustion, the initiation of chain 
reactions starts to happen almost simultaneously. This required time for starting 
the combustion for all these conditions is relatively constant, but at higher RPM 
this required time must be earlier; Thus at higher RPM the time of combustion 
start will occur at an earlier crank angle. 
As observed, when increasing RPM, the start time of auto-ignition will have a 
delay and thus the maximum pressure and temperature will decrease. Delay in 
the start of combustion is due to the shorter time for chemical reactions and the 
release of heat. Therefore the start of combustion in HCCI engine is postponed 
to after TDC at rp=0 and 2600 RPM. The greater delay to initiate exothermic 
reactions causes the decrease of pressure and incomplete combustion. With an 
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increase of rp, initiation of chemical reactions and heat release will be 
postponed, but at higher rp (more than 0.33) the reduction of maximum pressure 
and temperature are observed clearly. By increasing RPM and also rp, the rate 
of pressure grows remarkably and at higher RPM the knock phenomenon will 
occur [102].  
To investigate the effect of inlet temperature, it is shown that when the start of 
ignition approaches TDC, the efficiency of the engine increases. When it is far 
from TDC, it decreases the efficiency of the engine. 
Figure 9.30 shows the effect of RPM on gross produced power. It is observed 
that when increasing RPM, the gross power shows a trend to increase. This is 
due to the start of ignition being close to TDC at high RPM. In other words, by 
increasing RPM the start of ignition is closer to TDC and the negative gross 
power reduces and subsequently the gross produced power increases. 
Figures 9.31 and 9.32 show the effects of engine RPM on CO and HC 
emissions. As observed, at rp= 0 and rp=0.33, with increasing RPM the amount 
of these emissions will increase, but at rp higher than 0.33 the changes in the 
amount of these emissions is not strong. 
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Fig. 9.28 Variation of pressure versus different premixed ratios and RPM 
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Fig. 9.29: Variation of the average temperature in cylinder and heat release 
rate versus different premixed ratios and inlet temperature. 
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Fig. 9.30: Variation of the power versus different premixed ratios and 
RPM. 
 
 
Fig. 9.31: Variation of CO emission versus different premixed ratios and 
RPM 
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Considering variation of the RPM of the engine, the maximum pressure and 
temperature decrease sharply at low premixed ratios and it causes the 
production of high CO and HC emissions, but this change in high ratios is not 
great and can be considered minor. Therefore, the amounts of these emissions 
are low and their changes can reasonably be neglected. 
Figure 9.33 shows the effect of RPM on the NOX emissions. Considering the 
obtained results, at a premixed ratio of zero, and when increasing RPM, the 
NOX emission will decrease, but for higher rp, when increasing RPM, NOX will 
firstly increase and then decrease. 
For a rp of zero, when increasing RPM the maximum pressure and temperature 
decreases and NOX, which depends on the temperature, will decrease, but at 
high premixed ratios and high RPM, the maximum pressure and temperature 
show small changes and the start of ignition is postponed and this emission will 
increase. When increasing the amount of natural gas at higher rp, the oxygen 
content in the cylinder reduces and with a reduction of oxygen the rate of 
production of NOX also decreases. This is a good method to decrease this 
emission at high premixed ratios. 
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Fig. 9.32: Variation of HC emission versus different premixed ratios and 
RPM 
 
 
 
 
Fig. 9.33: The variation of NOX emission versus different premixed ratios 
and RPM 
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9.8 Discussion and conclusion for HCCI engine 
Regarding the environmental problems in the large cities, because of the major 
contribution of vehicles to emissions and the role of combustion in engines in 
producing these emissions, the trend is to use engines with the lowest possible 
emissions. The use of HCCI engines can help the reduction of emissions and 
help to protect the environment. 
HCCI engines can have lower emissions than conventional SI and CI engines 
due to the homogenous combustion mixture and the auto ignition of fuel and air. 
In these engines the combustion starts at all points of the cylinder and the 
temperature of combustion is lower than 1800K, which is the temperature at 
which NOX production becomes significant. By injecting the fuel precisely in 
these types of engines, the NOX and soot emissions will be low and close to 
zero. Due to the requirement to rapid mixing of fuel with air, the duration of 
injection of fuel is shorter than for diesel engines. The temperature of air in the 
cylinder is a significant factor for combustion in these types of engines. HCCI 
engines have lower emissions in comparison with conventional engines and 
they have also higher efficiency and lower fuel consumption. These engines 
could be a suitable alternative for the SI and CI engines. As observed, the 
combustion of HCCI engines can be optimized by changing the different 
parameters of an engine and by increasing the performance of the engine the 
emissions can be reduced. The results of the effects of these parameters on the 
combustion of HCCI will be explained as follows: 
-The time of fuel injection 
Early fuel injection causes a homogenous mixture in the chamber and it enables 
the HCCI combustion. By decreasing fuel injection time by one degree or more, 
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the power and MEP reduce. If the average temperature in the cylinder is 
decreased, CO and HC emissions will increase and NOX will decrease. 
-The premixed ratio 
The combustion of natural gas and diesel fuels in a HCCI engine includes the 
two stage combustion. By increasing rp, the heat release at high temperature 
increases. The duration of combustion depends somewhat on the premixed 
ratio of methane fuel. Increasing methane fuel causes the duration of 
combustion to reduce and combustion will become more rapid. Gaseous fuels 
can easily form a homogenous mixture. Hence, with an increase of methane 
fuel, the burning process will be more rapid and oxidation becomes more 
complete. As a result, the amounts of CO and HC emissions decrease 
remarkably. The composition of methane with diesel fuel causes an increase of 
the average temperature in the cylinder; this condition increases NOX emissions 
in comparison with a single fuel, but with an increase of the premixed ratio 
beyond a certain percentage, NOX emissions will decrease.   
-Inlet temperature 
Inlet temperature has a significant role in setting the start of combustion so that 
inlet temperature is a control factor in auto-ignition. In this condition maximum 
pressure occurs at TDC and negative work increases and power decreases. 
Maximum temperature in the cylinder and NOX emissions grow due to 
increasing inlet temperature, but CO and HC emissions decrease. 
-EGR 
EGR is one of the simpler methods for reducing NOX emissions in ICE. When 
increasing the EGR fraction, the inlet oxygen in the cylinder and temperature of 
combustion decrease. Thus NOX emissions will decrease and, due to the low 
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temperature of combustion, CO and HC emissions will increase. By increasing 
inlet EGR and entering three-atom molecules to increase the heat capacity of 
the mixture, the reaction speed of the combustion decreases. In this condition 
the start of ignition is further delayed and the duration of combustion increases.  
-Revolution of engine (RPM of engine)  
If the RPM is increased, the start time of auto-ignition is further delayed and the 
maximum pressure and temperature will decrease. Delay in start-of-combustion 
is due to the short time for chemical reactions and the release of heat. With 
increasing premixed ratio and thus later initiation of the chemical reactions, heat 
release is delayed, but at a premixed ratio above 0.33, a reduction of maximum 
pressure and temperature is observed clearly. With an increase of premixed 
ratio and an increase of RPM, the rate of pressure change grows markedly and 
at high RPM, knock phenomenon is observed in HCCI combustion. If the RPM 
changes, maximum pressure and temperature decrease severely at low 
premixed ratio, and it causes production of higher HC and CO emissions and 
reduction of NOX emissions.  
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Chapter 10   Discussion and conclusions 
To sum up the researches on dual-fuel engines in this work, two main aims 
should be achievable: using natural gas as an alternative fuel and the reduction 
of emissions. Two solutions are used: 
The first solution is to use a CI engine with homogenous fuel known as HCCI 
and the second solution is to use a dual-fuel engines. The potential advantages 
of dual fuel engines are as follows:  
• Low soot and PM 
• Low fuel cost  
• No necessity for modification inside of the engine 
• The possibility to modify to a purely diesel engine and use only diesel            
fuel  
• High thermal efficiency and low emissions at full load conditions 
The disadvantage of dual-fuel engines are: 
• Potential increase of the emissions of CO and UHC at part load.  
• Reduction of efficiency under the part load condition. 
• Increased tendency to knock at full load and high inlet temperature. 
• High ignition delay for mixture of gas and air. 
The nature of the combustion process in dual-fuel engines not only depends on 
the characteristic of the spray, and the ignition of igniting fuel, but also depends 
on the type of gas fuel and the concentration of fuel. 
Hence, the combustion in dual-fuel engines is more complicated in comparison 
to single fuel engines. 
The energy released in dual-fuel engines can be divided into three groups as 
follows: 
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• Energy released by the combustion of igniting fuel 
• Energy released by the combustion of gas around the ignition centres of 
igniting fuel. 
• Energy released by any pre-ignition reaction and propagation of turbulent 
flames through the residual lean mixtures. 
In these engines three combustion processes occur and all are affected by the 
concentration of fuel. 
When the mixture of air and gas is lean, it is mainly the igniting fuel (diesel) and 
gas fuel that oxidize in the spray region; however the flames from ignition 
sources of the igniting fuel cannot reach the lean region. This incomplete 
combustion causes a low efficiency and decreasing of power and increasing of 
unburned HC (UHC) and CO in comparison to a single fuel diesel engine.  
With an increase in the concentration of gas fuel in the cylinder, the flame can 
propagate easily to the other regions, in this condition the efficiency improves 
and UHC and CO decrease. Also in this condition the concentration of gas fuel 
inside and outside of the igniting fuel region increase and the pre-ignition 
reactions of natural gas fuel occur. The regions far from the spray of igniting fuel 
continuously and spontaneously ignite, and the pressure increases dramatically. 
This can cause knock. 
 
10.1 conclusions 
The laminar flamelet model and a hybrid Lagrangian/Eulerian method have 
been formulated and implemented to provide a framework for incorporating 
detailed chemical kinetics. For this study an internal combustion engine is used 
for modelling which has a defined bore and stroke given in the thesis. The 
  
 
183 
 
validation of the chemical kinetic mechanism has been done by showing the 
independence of simulation to the time step and the correlation of the flame 
velocity from this mechanism with the experimental model of Franklach and 
Wang. The effects the other parameters such as the fuel equivalence ratio, 
compression ratio, location of the spark plug and the ignition timing on the 
performance of the engine have been investigated and the following results 
have been found: 
- With more concentration of fuel, access to the fuel increases and causes 
more flame area, a larger flame radius and also a higher flame velocity. 
The flame velocity was found to increase by an average of 8% from a 
fuel equivalence ratio of 0.8 to a fuel equivalence ratio of 1.  
- The flame velocity increases with more access to the fuel and causes a 
higher combustion temperature. The temperature was found to increase 
by a maximum of 12% from a fuel equivalence ratio of 0.8 to a fuel 
equivalence ratio of 1. 
- At stoichiometry conditions, higher pressure and temperature cause 
more heat loss. The heat loss was found to increase by an average of 
15% from a fuel equivalence ratio of 0.8 to a fuel equivalence ratio of 1.  
- With an equivalence ratio of unity and complete combustion, increasing 
the concentration of fuel (and subsequent easier burning) causes a 
decrease in the production of OH radicals. The OH radicals were found 
to decrease by 90% from a fuel equivalence ratio of 0.8 to a fuel 
equivalence ratio of 1. Increasing the amount of fuel in unit volume 
causes the rate of combustion to be smoother and the probability of 
forming OH radicals will be decreased. 
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- With an increase in the compression ratio, the surface of the flame core 
and flame velocity will be decreased due to higher concentration of fuel 
and a decrease in the propagation speed of the flame. The flame velocity 
and flame area decrease by 9% and 15% respectively when the 
compression ratio increases from 8 to 10.     
- The effect of compression ratio on heat loss seems to be slight and it is 
about 1% to 2% when the compression ratio increases from 8 to 10. 
- With higher compression ratio, the peak pressure increases slightly, by 
about 3% when the compression ratio increases from 8 to 10. 
- The location of the spark plug in the centre causes the pressure and 
temperature to increase because of the higher flame velocity. The 
combustion propagates with a higher velocity due to the symmetrical 
flame and it causes formation of more CO2. The production of CO2 
increases by 10% when the position of spark plug is in the centre, 
compared with when it is offset by 1.2 mm away from centre. 
- The maximum pressure and temperature depend on the the position of 
the spark plug. The maximum pressure and temperature increase by 
20% and 12% respectively when the position of spark plug is in the 
centre. 
- The maximum pressure depends on the spark timing. It increases by 
15% when spark timing changes from -23 degrees to -45 degrees of 
crank angle before TDC.   
- The flame velocity increases with spark advance and with higher flame 
velocity, the produced OH radical production was reduced. The OH 
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radicals were found to decrease by about 15% from a spark advance of  
-23 degrees to -45 degrees of crank angle before TDC.     
The findings for dual fuel HCCI engine show that the mixture of methane and 
diesel fuel has a great influence on an engine's power and emissions. The 
results show that the inlet temperature plays an important role in the 
vaporization of liquid fuel and the improvement of combustion, so that the 
temperature of air in the cylinder is a significant factor for combustion in these 
types of engines. The combustion in HCCI engines can be optimized by 
changing the different parameters of the engine and by increasing the 
performance of the engine, the emissions can be reduced. The results are 
summarized as follows: 
- Inlet air temperature has a significant role in the start of combustion so 
that inlet temperature is a controlling factor of auto-ignition. At an inlet 
temperature of 320K, increasing rp from the ratio of 0.33 up to 0.79 
changes the time of start of combustion from 362° angle (CA) to 360°, 
while at an air inlet temperature of 380K, the start of combustion 
decreases from 351° CA to 348° CA at a ratio rp= 0 to rp= 0.55 and then 
up to the ratio of rp= 0.76, the combustion will be delayed to 351 degrees.  
- Maximum mean temperature in the cylinder and NOX emissions grow 
due to increasing inlet temperature and also the composition of methane 
with diesel fuel causes an increase of the average temperature in the 
cylinder which increases NOX emissions in comparison with the single 
fuel. However with an increase of premixed ratio beyond a certain 
amount (0.55), NOX emissions decrease. When increasing the air inlet 
temperature, the NOX emissions increase in all ratios of rp except at rp= 
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0.33 and Tin= 380K because at high temperature the required energy is 
provided for the reaction of oxygen and nitrogen. As a result, the 
production of the thermal nitrogen oxides will increase. The maximum 
NOX emission is at the ratio rp= 0.44. Beyond this point increasing the 
premixed ratio will cause NOX to decrease. The reason for this decrease 
is that by increasing rp the amount of oxygen in the cylinder decreases 
due to replacement by gaseous fuel, and this lack of oxygen causes the 
reduction of NOX emissions. At an inlet temperature of 320K, the 
increase of NOX is not as high. The highest is 16 ppm at rp= 0.65. 
Comparing this to emissions standards, the indicated specific NOX 
equals 0.1 g/KWh in this point, which is lower than the Euro VI standard 
(approved for 2013 of 0.4 g/KWh).  
- Combustion duration highly depends on the methane premixed ratio. 
More methane fuel in the mixture will lead to a decrease in the duration 
of combustion and cause more effective combustion. At an inlet 
temperature of 320K, increasing rp from the ratio of 0.4 up to 0.65 
changes the length of combustion time from 20° of crank angle (CA) to 
13° CA, while at an air inlet temperature of 380K, the length of 
combustion time decreases from about 14° CA to 8° CA from the ratio of 
rp= 0.4 to rp= 0.65.  
- Maximum mean temperature in the cylinder grows but CO and HC 
emissions decrease due to increasing inlet temperature and also, with 
increasing methane fuel, the burning process will be more rapid and 
oxidation will become more complete. As a result, the amounts of CO 
and HC emissions decrease remarkably. Increasing rp causes some 
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reduction of CO and HC emissions. At an inlet temperature of 380K, the 
amount of CO emission decreases from 0.89% to 0.036%, and from 
0.89% to 0.041% and the amount of HC decreases from 800 ppm to 55 
ppm and from 800 to 60 for rp= 0.65 and rp= 0.76 respectively. The most 
optimal condition for reduction of HC and CO emissions, is at an inlet 
temperature of 380K with rp= 0.55 or rp= 0.65. 
- In HCCI engines the combustion starts from several points and during 
this time the total energy of the fuel is released. Therefore the increased 
rate of pressure in this kind of engine causes knock in the engine, so 
some factors must be used to control the effect. In most cases dilution of 
the mixture is used to control the knock. Considering the pressure 
gradient curve at rp = 0.8, using 10% of EGR stops the knock and the 
maximum value of the slope-of-pressure curve decreases from 1.75 to 
1.16 MPa/radian. 
- Varying the premixed fuel up to rp= 0.48, a remarkable variation in IMEP 
is seen so that at an EGR of zero per cent, IMEP varies from 0.38 to 0.49 
MPa, but premixed ratios from 0.48 up to 0.8 have less effect on IMEP. 
In ratios of less than 0.48, diesel fuel forms the main part of the fuel. 
- At rp= 0 and rp=0.33, with increasing RPM from 1100 RPM to 2600 RPM 
the amount of CO and HC emissions will increase, but at rp higher than 
0.33 the changes in the amount of these emissions is not strong. 
- Considering the results, from the effect of RPM on the NOX emissions, at 
a premixed ratio of zero, the NOX emissions will decrease with increasing 
RPM, but for higher rp (up to 0.55), from 1600 to 2600 RPM, NOX will 
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firstly increase with RPM and then from rp= 0.65 it will decrease with 
RPM. 
 
10.2 Future work 
Suggestions for future work concerning dual fuel engines are as follows: 
Further work should focus on the performance of dual fuel HCCI engines at part 
load conditions. Whereas at low load, the mixture of gas and air is very lean, 
only a portion of mixture around the spray of igniting fuel can ignite and the 
flame propagates slowly to the other regions. Hence the main portion of gas fuel 
remains unburned and it causes a reduction of efficiency and increase of UHC 
and CO. NOX increases due to the ignition of diesel and gas fuels 
simultaneously, but after a while, the concentration of NOX decreases because 
of complete burning of the ignited fuel. The greater part of research on dual-fuel 
engines is the improvement of combustion and emissions at part and low loads. 
The other proposed further work: 
• The study of the effect of the shape of bowl-in-piston on the combustion 
of a HCCI engine. 
• Investigation of the open cycle in a HCCI engine.  
• Investigation of internal EGR in the open cycle of HCCI engine. 
• Applying the chemical Kinetic mechanisms (Chemkin) coupled with AVL 
Fire software and investigation of emissions and combustion 
characteristics in HCCI engines. 
• Investigation of the effects of inlet air pressure, compression ratio and 
also fuel equivalence ratio on the combustion of dual fuel HCCI engines. 
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• Investigation of the effects of the number of holes in the injector, 
diameter of nozzle and fuel injection pressure on the combustion of HCCI 
engines. 
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Appendix 
General of DEUTZ F6L912 Diesel Engine for Generator Set 
Engine Model F6L912 
Cylinder 6 
Displacement 5.655L 
Bore (mm) 100 
Stroke (mm) 120 
Compression Ratio 17:01 
Net Weight (kg) 410 
Overall Diemension (LXWXH)(mm) 1120X673X815 
Combustion System Direct Injection 
Air-intake Way Naturally Intake 
Direction of Rotation (facing cooling blower) Clockwise 
Firing Order 1-5-3-6-2-4 
Lubrication System Capacity (L) 14 
Combustion Air Flow (m³/min) 4.24 
Exhaust Gas Flow (m³/min) 4.37 
Exhaust Gas 
Temperature(°C)(Prime,Continue) 
500 
Area of Heat Radiation (m²) 0.24 
Electric System 12V/24V 
Governing (Machine Governor) 5% 
Governing (Electronic Governor) 1% 
Maximum Power(kW/rpm) 52/1500 
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62/1800 
Continue Power(kW/rpm) 
48/1500 
55/1800 
Prime Generator Power(kW) 40 
Standby Generator Power(kW) 44 
Fuel Consumption At Power Rating 110% 
(g/kwh/rpm) 
228/1500 
228/1800 
Fuel Consumption At Power Rating 100% 
(g/kwh/rpm) 
228/1500 
228/1800 
Fuel Consumption At Power Rating 75% 
(g/kwh/rpm) 
241/1500 
242/1800 
Fuel Consumption At Power Rating 50% 
(g/kwh/rpm) 
251/1500 
252/1800 
Lubricating Oil Consumption (a per of Max. 
Fuel Oil Consumption) 
1% 
Noise dB(a) 
105/1500 
105/1800 
 
 
 
 
 
 
 
 
  
 
205 
 
 
 
